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Since the dawn of the computer age, there has been tremendous advancement in terms of 
technology and global demand for electronic computing devices. The need for increased 
processing speed/functionality on a single chip and miniaturization of each unit has led to 
an unprecedented development of thermal management technologies. Given that the 
upward trend of heat generated by these devices is highly coupled with its performance, 
the lack of advanced thermal management technologies could ultimately impede the 
progress in the world’s computing technology.  In order to accommodate heat fluxes as 
high as 1.0 MW/m2 from future microprocessors, the present study developed a novel 
cooling solution with the essential attributes of compactness, low-cost, high cooling 
capacity, low power consumption, and orientation-free design.  
 
To achieve both feats of compactness and high cooling capacity, the mechanism of phase 
change was utilized for the proposed cooler. Much focus was given on the design of 
surface enhancement for nucleate boiling heat transfer, which is the primary conveyor of 
heat from the electronic device to the ambient. Fundamental boiling experiments were 
conducted on finned and porous surfaces using water as the working fluid. Significant 
insight in enhanced boiling heat transfer at near vacuum pressures was gathered. High 
speed visualization further confirmed the results by qualitative analysis of bubble 
nucleation, growth, coalescence, and departure at various operating conditions and boiling 
surfaces. It was found that the heat transfer enhancement offered by narrowly spaced fins 
is mainly due to the effect of confinement. This ultimately led to the development of a 
VI 
nucleate pool boiling correlation for confined boiling, which introduces a key 
dimensionless parameter that is Bond number.   
 
Numerical methodology was developed to effectively design a compact two-phase 
thermosyphon for CPU cooling. Simulation results have been shown to be in good 
agreement with experiments. It was also found that the two major thermal “bottlenecks” in 
the cooler are air-side convection and evaporator boiling resistances.  
 
Finally, a universal performance chart is proposed to provide a platform for comparison of 
various CPU coolers. This considers not only the overall thermal resistance but also key 
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Chapter 1 : Introduction  
 
The incessant need for higher computing speed within smaller footprint drives heat fluxes 
from these electronic devices to levels never seen before. With conventional thermal 
management solutions, such as fin-fan coolers, deemed to be at their cooling performance 
limits, the semiconductor industry is in dire need for advanced cooling solutions. This 
research presents a design of an advanced compact two-phase thermosyphon for a central 
processing unit (CPU) cooling.  Given the importance of the evaporator section to the 
overall thermal performance of the cooler, much attention was given to the design and 
optimization of enhanced boiling surfaces. The following introductory sections contain 
detailed discussion on the history and trend of CPU thermal characteristics and goals of 
thermal packaging.   
1.1 History  
 
In 1946, the construction of the first digital computer Electronic Numerical Integrator And 
Computer (ENIAC) was completed. This machine contained 17,468 vacuum tubes, 7,200 
crystal diodes, 1,500 relays, 70,000 resistors, and 10,000 capacitors, which contributed to 
the total heat dissipation that exceeds 140 kW (US Department of Commerce, 2009). An 
array of large industrial cooling fans was used to maintain component temperatures low 
enough for reliable operation. Despite the effort, at best it would still encounter tube 
failures at a rate of one tube every two days, mainly caused by thermal stress. This 
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elucidates the importance of thermal management for reliable operation and increased 
lifespan, since the advent of the digital age.   
1.2 Trend 
 
Figure 1.1. The chronological evolution of module heat flux in computers (Chu, 2004) 
 
Moore’s forecast in his 1965 article (Moore, 1965) was that the number of transistors that 
can be placed inexpensively on an integrated circuit will increase exponentially, doubling 
approximately every two years. This has become the well known Moore’s law, which 
remains to be true until today. Transistors consume power during standby mode and 
significantly more when switching from on and off states, the end result is heat generation. 
With transistor packing density doubling every two years, it is apparent that heat fluxes 
from these circuitry would also rise exponentially. Figure 1.1 (Chu, 2004) shows an 
exponential rise in module heat fluxes in mainframe computers using bipolar circuit 
technology through the 1980s. Although a respite with the use of CMOS circuit 
technology in 1990s, module heat flux again continues “sky-rocketing” to new highs from 
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2000 onwards. Unless a new type of circuit technology or computing technology (e.g. 
Quantum, Chemical, DNA, Optical computer) is developed this exponential trend will 
remain. 
 
1.3 Cooling Requirements 
 
The Semiconductor Industry Association’s 2005 edition of The International Technology 
Roadmap for Semiconductors (ITRS) is a consensus emerging from a group of industry 
experts. These experts are member of Semiconductor Industry Associations (SIA) of the 
US, Europe, Japan, Korea and Taiwan.  The reports represent outlook on the direction of 
research in the semiconductor technology for the next 15 years (Semiconductor Industry 
Associations, 2005). Table 1.1 shows a summary of cooling requirement for single chip 
packages, categorized according to cost performance, high performance, and harsh (e.g. 
military applications). Given that chip sizes would remain the same, heat fluxes in the 
years to come would range between 300-1120 kW/m2 (30-112 W/cm2). The required 
overall thermal resistance from chip junction to the ambient is expected to decline by 50% 
to 0.28 K/W. According to Siani and Webb (2003), current fin-fan coolers are capable of 
achieving a minimum thermal resistance (excluding chip internal resistances) of only 
about 0.34 K/W. Thus they would not be able to provide the anticipated cooling needed by 
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Table 1.1. 2005 ITRS Technology Requirement for Single Chip Packages (Semiconductor 
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1.4 Goals of Thermal Packaging 
 
The primary goal of electronics thermal management is to prevent component failure. 
Failure would mean permanent loss of electronic function or deterioration in performance.  
Both large temperature surges and prolonged elevated operating temperature can induce 
significant thermo-mechanical stresses. According to Arrhenius’ equation every 10 °C 
increase in the component temperature increases the failure rate by a factor of 
approximately 2. These permanent failures are commonly caused by excessive stress 
and/or stain levels in the silicon die, delamination of chip with heat spreader, and wire 
bond failure. Furthermore, at these elevated temperatures, packaging materials 
encapsulating the die may melt, vaporize, or even combust. On the other hand, CPU clock 
speed is automatically decreased upon reaching its maximum allowable temperature, 










Figure 1.2. Intel single-core (blue) and multi-core (pink) CPU heat fluxes proportional to 
clock frequency. 
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In today’s marketplace, “the multi-core era is upon us” is the new catch phrase in the 
microprocessor industry. A multi-core processor combines two or more independent CPU 
cores into a single package composed of a single integrated circuit. This new trend is an 
indication that manufacturers are “evading” the main obstacle towards high speed 
computing, which is severe heat dissipation. Having several cores in a single package 
allows greater temperature uniformity, entailing less thermal spreading resistance, whilst 
providing improvement through multi-tasking. However, these multi-core processors, 
which gave a temporary respite to levels of heat fluxes, would ultimately present the same 
thermal problems, as shown in Figure 1.2.  To produce processors with clock speeds 
beyond the 4 GHz ceiling, which has yet to be manufactured for consumer electronics, 
entails advanced cooling solutions.  
1.5 Scope of the Study 
 
The general aim of the study is to provide an advanced two-phase cooling solution for 
CPUs. This involves an extensive investigation of enhanced boiling surfaces for water 
operating at sub-atmospheric pressures, so as to find the best performing enhancement 
technique for high heat flux applications. Visualization of pool boiling phenomena was 
conducted. This delivers significant insight into the mechanism which augments the 
boiling performance of enhanced surfaces. A working CPU cooler prototype was modeled 
and designed employing enhanced surfaces. The prototype was tested at various operating 
conditions (e.g. heat flux, air flow rate, and pressure) and its performance was compared 
with coolers in the market and literature.  A performance chart was developed to access 
various CPU coolers based on their cooling capacity, geometry, and power consumption.       
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Chapter 2 : Literature Review 
 
 
2.1 Fundamentals of CPU Package Thermal Characteristics 
The thermal performance of a chip packaging is typically compared on the basis of the 








=                                            (2.1) 
where Tchip and Tambient are the CPU die and ambient air temperatures, respectively, and 
Qchip is the chip heat dissipation. To lower chip temperatures at a specified power and 
ambient temperature, it is obvious that the CPU package with the lowest thermal 
resistance must be chosen.  There are two major components of the overall thermal 
resistance, and these are the internal and external resistances, as shown in Figure 2.1. 
Internal resistance is encountered in the flow of heat dissipated from the chip through the 
thermally conductive die bond material and on to the heat spreader casing, mainly 
conductive resistance.  Alternatively, the flow of heat from the casing, through the thermal 
interface material and heat sink/cooler, and finally to the ambient air, must overcome 
external resistance.   
 
As heat flows from the CPU to the package surface/heat spreader, it encounters several 
resistances including the material layers of silicon, copper, alumina, and epoxy, as well as 
the contact resistances that exist between each of these layers. Subsequently, heat is 
- 8 - 
dispersed onto the larger casing, encountering significant spreading resistance.  
Considering these resistances a first-order estimate of the internal resistance with the 
assumption that heat flows uniformly, and in one-dimensional direction.  The internal 
resistance can be expressed as shown in Eq. (2.2), where the summed terms represent the 
die bond’s conduction thermal resistances, with ∆x thickness of each material layer, and 























Figure 2.1. Schematic of CPU package. 
 
When a heat sink is mounted onto the chip package, a thermal interface material (TIM) is 
normally used to fill the air gaps created by surface imperfections, thus minimizing the 
contact resistance between them. The heat transport from the chip casing/heat spreader to 
Rexternal 
Rinternal 
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the ambient, encounters thermal resistances from the TIM and cooler/heat sink. The 
expression of external resistance is shown in Eq. (2.3), which accounts for the conductive 
resistance of the TIM, heat spreading resistance when the heat sink base is larger than the 











= sin    (2.3) 
It is the task of packaging engineers from CPU manufacturers to minimize the internal 
thermal resistance, by developing highly conductive (thermal) die bond materials (e.g. 
carbon nano-tubes), and the proper design of heat spreader to prevent localized hot spots 
on the casing. Hence, thermal engineers are limited to improving heat transfer outside of 
chip package such as creating advanced TIM, like phase change materials (PCM) or silver 
loaded thermal pastes, and designing high performance heat sinks by implementing high 
flux heat transfer mechanisms (e.g. boiling, condensation, and impinging jets/sprays).  
2.2 CPU cooling methods  
The imminent thermal limit of conventional fin-fan cooler is a reality, and the surge in 
CPU heat fluxes has sparked a wave of research for the “next generation CPU cooler”.  
There are vast array of CPU cooling solutions that are being studied and developed for 
commercial application. There are basically two types of heat removal methods utilized in 
these devices, single phase (solid or fluid) and two-phase (liquid and vapor). As shown in 
Figure 2.2, Single phase methods comprise air forced convection and thermoelectric 
refrigeration.  With heat pipe, nucleate boiling, and vapor-compression refrigeration, as 
two-phase methods. And at the middle, micro-channel, jet impingement, and spray 
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cooling, are methods that can have single phase forced convection and/or phase change 










Spray cooling Vapor-compression refrigeration
 
Figure 2.2. Single and two phase heat removal techniques employed for electronic 
cooling. The gray area indicates cooling methods that can operate with both single and 
two-phase working fluid. 
 
2.2.1 Forced Convection 
 
The most reliable CPU cooling method is by forced convection of air through extended 
surfaces. Shown in Figure 2.3 is an Intel fin-fan cooler.  It has a base plate to be mounted 
on the CPU heat spreader. The surface of the base in contact with the CPU needs to be 
mirror polished to avoid air gaps. The typical material used for the base and fins is copper 
or aluminum, which are both thermally conductive so that temperature is uniform across 
the extended surfaces. Air is driven through the immense surface area of the fins by an 
axial fan, transferring thermal energy to the ambient.  This cooler has high reliability as 
with its only moving component, the fan. Coupled with cheap unit cost and the capability 
of operating at various orientations, it remains the favorite cooler by chip manufacturers. 
However as previously stressed its heat rejection limit is around 100 Watts, according to 
the simulations of Siani et al. (2003).  
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Figure 2.3. Intel stock cooler (Fin-fan). 
2.2.2 Thermoelectric Refrigeration 
 
Thermoelectric coolers (TECs) are solid state heat pump relying on the Peltier effect at the 
junction of the p and n type materials. In electronic cooling, this effect would be employed 
to transport heat from the CPU, on its cold side, and onto a heat sink, on its hot side. The 
TEC requires another heat sink for final heat rejection to the ambient.  Since it is an active 
cooling device, it is capable of bringing the CPU junction temperature below the ambient 
condition. The major drawbacks are its low COP and heat flux capacity. At best, the COP 
of TECs is in the range of 0.6 to 0.7, according to Chein et al. (2004), and this indicates 
that the required additional power consumption is about 1.4 times that of the heat 
dissipated by the CPU.  The cooling power density of TEC with 2 mm legs is at most 7 
W/cm2, and this value is far below the current heat flux needs of 90 W/cm2. 
2.2.3 Heat pipe 
 
A heat pipe is a capillary-driven two-phase system; it is a pipe having its inner surface 
coated with a wick structure. It has an evaporator section, followed by a well insulated or 
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wetted wick at the evaporator, flows to the condenser and is condensed back into the wick. 
The capillary pumping pressure of the wick structure enhances the fluid flow from the 
condenser back to the evaporator. Alternatively, the wick improves the evaporation and 
condensation process by increasing the effective thermal conductivity of the liquid bulk 
and by providing increased surface area for evaporation mass transfer.  
  
Figure 2.4. Commercially available miniature heat pipe coolers. Zalman CPS-9500 (left) 
and Thermalright Inferno fx 14 (right). 
 
Figure 2.4 shows a commercially available copper/water heat pipe assembly for CPU 
cooling. These cooler has 6-8 miniature heat pipes, a heat sink dimension of 90-146 mm 
length, 124 mm width, and 142-161 mm height, and weight over 750 grams. The bulky 
size, tortuous design, and relatively heavy weight are proofs that heat pipe technology has 
already reached its maximum performance, and this is the most that manufacturers can 
achieve given the size and weight limitations of the motherboard form factor. Despite all 
of that, it still remains to be the best alternative cooler available in the market, especially 
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heat pipe assembly can achieve thermal resistances of 0.4 K/W according to Moon et al. 
(2001) and Kim et al. (2003). Moreover, significant performance deterioration in heat pipe 
performance during operation in tilted orientations, especially when the evaporator is 
above the condenser (where it may ultimately fail).   
A variant from the conventional heat pipe is a miniature loop heat pipe. 
Essentially, it is based on the same physical principles behind a conventional heat pipe. A 
loop heat pipe may be distinguished from an ordinary heat pipe, from its non-
wicked/smooth walled condenser section, and a separate liquid and vapor lines. These 
factors significantly reduce hydraulic resistance in the transport section. Furthermore, the 
concept of inverted menisci for the evaporator section is employed, and with the 
evaporation occurring adjacent to the surface, thermal resistance would be greatly 
reduced. Experimental investigations from Maydanik et al. (2005), Pastukov et al. (2003), 
Pastukov et al. (2007), and Singh et al. (2007) indicate that overall thermal resistance of 
an air-cooled loop and water-cooled loop heat pipe is 0.5 K/W, and with further 
integration of thermoelectric cooler and two-phase thermosyphons the thermal resistance 
is further reduced to 0.29 K/W.   
The vapor chamber is a rectangular flattened heat pipe and mainly used for 
spreading heat from a small heater source to a larger area for heat rejection. It replaces the 
thermally conductive base material of a conventional fin-fan heat sink to reduce heat 
spreading resistance.  Numerical and experimental investigations by Koito et al. (2006), 
Lu et al. (2006), and Rullie`re et al. (2007) reveal that a temperature difference of only 45 
K is incurred from a 96 W/cm2 heat source (heater size 1.5 cm2) to a point 36 mm lateral 
distance away.  
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2.2.4 Nucleate pool boiling 
 
The two-phase closed thermosyphon is a simple cooling device that utilizes the high heat 
transfer coefficient involved in nucleate pool boiling and falling film condensation. The 
mechanism behind the nucleate pool boiling will be discussed in Section 2.3. Phase 
change (liquid to vapor) occurs at the evaporator section in the manner of nucleate boiling. 
Vapor flows to a lower pressure region of the condenser section, where it condenses on 
the condenser wall (which has a lower temperature than the saturation temperature), and is 
finally transported back to the evaporator by virtue of gravity. This process entails 
minimal pressure and temperature drop compared to that of a heat pipe, as it does not 
involve Darcy flow in a wicked structure (flow through a porous media). Webb et al. 
(2002) experimentally investigated a two-phase thermosyhon with an air-cooled condenser 
based on automotive technology, as shown in Figure 2.5. At a heat load of 100 W from a 
2.56 cm2 heat source the device achieved a total thermal resistance of 0.199 K/W.  Major 
thermal management companies are reluctant to produce such products, because their 
performance is highly influenced by orientation. That is the condenser section must 
always be situated above the evaporator.  
 
- 15 - 
 
Figure 2.5. Two-phase closed thermosyphon from Webb et al (2002). 
 
Two-phase loop thermosyphon differs from a closed thermosyphon in that the former has 
separate vapor and liquid lines. This design minimizes friction flow losses and avoids the 
entrainment, encountered in a closed thermosyophon, in which liquid and vapor counter-
flow occurs in the reflux condenser. Boiling in the evaporator causes a difference in fluid 
density between the riser and the downcomer. This induces buoyancy driven flow 
changing the mechanism from nucleate pool boiling to convective flow boiling, which 
further augments heat transfer. Moreover, connecting lines can be lengthened to allow the 
condenser to be remotely located on a cooler ambient condition.  A working prototype by 
Khrustalev (2002) showed that loop thermosyphon is capable of dissipating heat up to 150 
W from an array of simulated electronic component. Yuan et al. (2003) employed a 
boiling enhancement in the evaporator section (stacked copper channels) providing an 
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2.2.5 Vapor Compression Refrigeration 
 
Figure 2.6 shows a miniature refrigeration system integrated in a CPU casing. To adapt 
conventional vapor compression refrigeration for CPU is an extreme measure to mitigate 
CPU temperatures, and in a way represents desperation in search for a cooling solution for 
future thermal needs. The miniaturized refrigeration system developed by Trutassanawin 
et al. (2006) is composed of the typical components viz. the small-scale compressor, a 
micro-channel condenser, a manual needle valve as the expansion device, a cold plate 
micro-channel evaporator. Its operating principle is similar to that of the industrial 
refrigeration system. However their prototype was capable of dissipating heat loads up to 
268 W for a chip size of 1.9 cm2, with a COP ranging from 2.8-4.7. Though its 
performance is unequivocally superior compared to passive cooling devices, there are 
several reasons limiting its widespread acceptance for electronic cooling. As stated by 
Peeples (2001) these are: the bulk and weight of the compressor, as well as a lack of 
robust interactive capacity control, and moisture condensation on exposed surfaces at 
temperatures below the dew point of the surrounding air post a risk of electronic short-
circuit.  
Micro-channel heat exchangers were employed to ensure a compact design of the 
refrigeration system, to match the form factor of the electronic component rack or chassis.  
Optimization of these heat exchangers for refrigeration cooling was completed by Chiriac 
et al. (2006).  Results show that the smallest micro-channel hydraulic diameter of about 
0.2 mm delivered the highest heat flux of 154 W/cm2.  
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Figure 2.6. Kyrotech Super G™ Computer. 
2.2.6 Micro-channel  
 
A single-phase micro-channel cooling system typically consists of a micro-channel heat 
exchanger, air-cooled radiator, and a miniature pump, as shown in Figure 2.7. The micro-
channel heat exchanger is mounted on the CPU chip and as the coolant (typically water) is 
circulated though the micro-channel, sensible heat is taken and is transported to the air-
cooled radiator for final heat rejection to the ambient. Due to the small hydraulic diameter 
of micro-channels, typically in hundreds of microns, the convection heat transfer 
coefficient can be increased as much as ten times that of mini-channels. Moreover, 
laminar flow of the coolant in the micro-channel is preferred in real applications as its 
pressure drop is lower than that of turbulent flow. Chang et al. (2006) in collaboration 
with Samsung electronics developed and tested a micro-channel cooling system. They 
achieved a micro-channel heat exchanger (hydraulic diameter of 680 μm) thermal 
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resistance of only 0.1 K/W and an overall thermal resistance of 0.23 K/W for the whole 
liquid cooling system. Although its thermal characteristic is adequate for future CPU heat 
dissipation, there are several factors that hinder its commercialization, namely: high back 
pressure (beyond 10 kPa) required for pumping, cumbersome installation with flexible 
liquid lines and pump, large radiator (around 140 mm x 140 mm), higher power 
consumption, and high cost of micro-channel manufacturing.  
 
Figure 2.7. Micro-channel cooling system from Chang et al (2006). 
 
Convective flow boiling in micro-channels can provide heat transfer coefficients beyond 
250,000 W/m2-K based on the predictions of Koo et al. (2001). Jiang et al. (2001) tested 
an array of parallel micro-channel heat sink (100 μm square channel) similar to the design 
of Koo et al. (2001). The heat transfer coefficient calculated was 6,666 W/cm2-K, which is 
far lower than the predicted values of Koo et al. (2001).  The micro-channel designed by 
Perret et al. (2000), which is made from silicon wafer and has 230 μm wide rectangular 
micro-channels with water as the working fluid. The heat-sink had a heat transfer 
coefficient of 11,764 W/m2-K, and the best cooling performance among most of the 
literature reviewed. Besides its superior heat transfer capability, the use of two-phase heat 
transfer will significantly reduce the required flow rate and pumping power, compared to 
that of single-phase flow.  
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It is common in two-phase micro-channel flow to experience flow mal-distribution, which 
results in instabilities and uneven temperature distribution on the heater surface. It is 
difficult to achieve uniform flow in micro-channels, because random bubble formation in 
an array of micro-channels can cause a larger pressure drop in one micro-channel than that 
in adjacent channels.   
2.2.7 Impinging Jet/Spray Cooling 
 
Impinging jet and spray cooling involves forcing liquid through a nozzle at high pressures. 
As the fluid exits the orifice with high a velocity, before striking the heater surface, 
sensible heat transfer occurs and then, the hot fluid rejects heat to the ambient through a 
radiator. However, spray cooling needs the impinging liquid to be in small mist-like 
droplets rather than a column of jet. This is achieved by using an atomizing nozzle. In 
single-phase cooling, typical working fluids used are water and air. El-Sheikh et al. (2000) 
studied air impinging on a pin fin heat sink with the aim of extending air cooling for CPU. 
The heat transfer coefficients were found to be in the range of 1,000 to 2,100 W/m2-K. 
With the relatively low heat transfer coefficients obtained with on single-phase jet and 
spray cooling, phase-change heat transfer has become the subject of great interest.  
 
Impinging saturated liquid would permit nucleate boiling to occur given that the wall 
superheat is sufficiently high for activation of nucleation sites. Alternatively, spraying fine 
droplets of saturated liquid would create a thin evaporating liquid film on the hot surface. 
This mechanism of thin film evaporation provides high performance cooling compared to 
that of jet impinging. For this reason, spray cooling with phase change is considered as 
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one of the best cooling methods. An experimental study by Xia (2002) and Marcos et al. 
(2002) shows that spray cooling (1.6 m/s jet velocity and 80-120 μm exit diameter) can 
provide heat transfer coefficient in the range of 93,000 W/cm2-K to as high as 160,000 
W/cm2-K from sub-atmospheric system pressures to atmospheric pressure, respectively. 
Furthermore, it can achieve heat fluxes of up to 900 W/cm2. However, despite the 
extremely high heat transport capability, a cooling system using spray and jet impinging 
for CPU cooling is yet to be available in the market. There are several constraints that 
hinder its implementation namely: high pressure pump (2.6 bar), orientation sensitivity 
(excess liquid must be continuously drained by gravity to prevent flooding on the surface), 
additional power consumption from pump and piezo-electric plate, and bulkiness.   
 
From the literature surveyed, it is apparent that the two-phase closed thermosyphon is the 
most developed cooling technology for the CPU industry in the years to come. Mass 
production equipment is readily available, adapting it from current heat pipe 
manufacturing technology. Low unit cost, as no sintering or flame spray for wicked 
structure is necessary. For consumers, the criteria for a good CPU cooler are low noise, 
ease of installation, and cooling performance. There is only one noise producing 
component from a thermosyphon cooler that is the fan, and its speed can be adjusted to 
low noise levels. Their weight is in range of 400 grams to 600 grams that can be supported 
by push-pin installation design and motherboard. However, there are two major concerns 
that hamper its acceptance in the market. First, is the orientation sensitivity of the two-
phase thermosyphon, and second, is the enhanced boiling surface for high heat flux 
application. These two issues will be addressed in this research study, with the ultimate 
goal of creating the “next generation CPU cooler”.  
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2.3 Fundamentals of Nucleate Pool Boiling Heat Transfer 
Since boiling heat transfer is the most crucial heat transfer mechanism in a two-phase 
thermosyphon, it is vital to have a fundamental understanding of pool boiling heat 
transfer, to aid the design of enhanced boiling surfaces. The boiling curve is the classical 
method of presenting boiling heat transfer results, as shown in Figure 2.8. It is basically a 
plot of heat flux from a heated surface versus wall superheat (temperature difference 
between the heater and saturation temperature of the working fluid). There are four 
distinct boiling regimes involve in the process. As indicated in the curve these are: single-
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Figure 2.8. Boiling curve for a horizontal plain surface. 
 
When a pool of saturated liquid on a horizontal surface is heated below, boiling does not 
occur spontaneously. Instead, a thermal boundary layer is created near the surface, and 
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this thermal gradient causes liquid recirculation/free convection. The superheated liquid is 
buoyed from the hot surface onto the liquid-vapor interface where it evaporates. This 
regime of natural convection will stay in effect, from point A to B, until nucleation occurs.  
 
At the onset of nucleate boiling (ONB), bubble embryo starts to grow on surface cavities 
when surface temperature reaches point B. The bubbles would grow to a certain size 
before liftoff, and this bubble departure diameter would depend on the surface tension in 
the liquid-vapor interface, buoyant force, and temperature and pressure. Continuous 
evaporation supports the cycle of bubble growth and departure, and this mechanism 
enhances the overall transport of heat from the surface, thus significantly decreasing the 
wall superheat at a constant heat flux, from points B to C.  
 
The region of fully developed nucleate boiling is where most of the cooling and 
refrigeration equipment operates best, because the slope of the boiling curve is steep in 
this region compared to that of the natural convection. This also means that the heat 
transfer coefficient is much higher (heat transfer coefficient is defined as heat flux over 
wall superheat). This enhancement will be explained in detail in the succeeding sections. 
As wall superheat is raised, the number of active nucleation site increases and larger sized 
bubbles are formed continuously until the critical heat flux is reached, point D.  
 
Dry-out/Burn-out occurs on the heater surface when these large bubbles start to coalesce, 
blocking liquid supply to the nucleation sites. This peak of the nucleate boiling curve is 
typically set to be the maximum heat flux limit of a specific cooling device/equipment. 
The subsequent regimes are useless and will not be studied in this dissertation, in the sense 
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that no improvement in heat transfer is likely. From point D-E, increasing localized dry-
out is caused by the formation of bubble pillar on several sections of the surface, and this 
drives the heat transfer coefficient to exponentially decline (negative slope). When no 
liquid is in contact with and vapor/bubble fully envelopes the heated surface, film boiling 
is initiated, from point E onwards. With the vapor blanket insulating the surface from 
liquid, evaporation occurs at the liquid-vapor interface instead.  
2.4 Physical Mechanism of Boiling  
 
Although the chaotic nature of boiling made researchers perplexed in fully understanding 
this phenomenon, there is a simple macro-scale observation that could explain the 
enhancement brought about by boiling heat transfer. Bubble agitation and vapor-liquid 
exchange are both modes of convection to the liquid, and evaporation is latent heat 
transfer. These are the three principal mechanisms of boiling process that are well 
described by Hsu et al. (1976):  
 
1. Bubble agitation. The growth and departure of bubbles on the heated surface 
agitates adjacent liquid, creating an intermittent pumping motion. The 
displacement of superheated liquid transports away sensible heat from thermal 
boundary layer. This mechanism can be considered as forced convection process 
given that the velocity of the liquid is influenced by the rate of bubble growth.  






Figure 2.9. Bubble agitation and liquid pumping effect induced by adjacent bubbles. 
 
2. Vapor-Liquid exchange. The cyclical detachment of vapor bubbles from the 
surface allows the cold liquid to quench the hot surface.  With the thermal 
boundary layer being dragged/lifted out by the departing bubble, the rate of 
sensible heat removal is proportional to various factors such as, thickness and 
temperature of boundary layer, number of nucleation sites, and the bubble 
departure frequency and diameter.  These mechanisms contribute to the 




Figure 2.10. Removal of thermal boundary layer on a hot surface. 
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3. Evaporation. Phase change occurs at the bubble interface, from the superheated 
liquid that surrounds the bubble and from the liquid micro-layer squeezed in 
between the growing bubble and the heated surface. In the region of fully 
developed nucleate boiling regime, the vaporization process is the dominant mode 
of heat transfer, as large amount of latent heat is transported away in the form of 





Figure 2.11. Evaporation from thin-film liquid micro-layer and from surrounding 
superheated liquid. 
2.5 Enhanced Boiling Surfaces  
Since the early studies on surface roughness, there are several novel enhancement 
techniques developed to obtain a long-term reliability and improved boiling performance. 
As proposed by Bergles and Webb (1978-1980), there are four classifications to categorize 
passive enhancement techniques. These are: 1) Roughened surfaces, mechanically formed 
by rubbing sand paper on the surface, or by chemical treatment (oxidation); 2) treated or 
coated surfaces (e.g. non-wetting/conductive coating, plated or shrouded by another 
material); 3) extended surfaces, which refer to fins of any shape and re-entrant cavities; 4) 
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capillary devices, which refer to wicks and slots on the surface to assist liquid transport to 
evaporation zones. Active enhancement techniques will not be reviewed as they are not 
feasible for two-phase thermosyphon devices. These surfaces basically improve the rate of 
evaporation and convection to the liquid, as discussed in the previous section.    
2.5.1 Porous coated boiling surfaces 
 
Boiling on metallic porous coated surfaces typically exhibits increased active nucleation 
site density, minimal boiling superheat to sustain boiling (early onset of pool boiling), 
increased heat transfer coefficient, and capillary driven flow through interconnected pores. 
For these remarkable attributes that extensive research has been done on this type of 
treated surface, and whenever a new thermally conductive material is developed (carbon 
nanotubes/graphite foams) it is almost certain that it will be used for enhancement of pool 
boiling.     
 
Early studies by Czikk et al. (1979) have reported that coarser pores are much suited for 
boiling of high surface tension fluids such as water and ammonia, while in contrast low 
surface tension fluids such as FC-72 performed better with smaller pores. Bukin et al. 
(1982) found an optimal layer thickness in the range of 0.3 to 1.0 mm for sintered copper 
coatings immersed in R-12 and R-22. Extensive parametric studies were done by 
Nishikawa et al. (1979) on the effect of particle size, layer thickness, and particle material 
on boiling of spherical copper particles in R-11 and R-113.  An optimal thickness was 
found to be 1 mm and a heat transfer coefficient of around 60 W/cm2-K at 150 kW/m2 
heat flux for R-113 at 1 bar was obtained. Fujii et al. (1979 and 1984) have reported that 
electroplated surfaces with spherical particles (one layer of 0.53 mm diameter particle) 
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immersed in water can provide heat transfer augmentation ratios as high as 24 and 8 at 
heat fluxes of 2 W/cm2 and 20 W/cm2, respectively.  
 
Recent studies have emphasized that in the boiling of dielectric fluids such as FC 72, due 
to its high wettabality the fluid could easily flow through interconnected micro pores of a 
porous layer.  You et al. (1992) investigated boiling on FC72 on layered and glued 
alumina particles and found that when glue is employed wall superheat is increased by 4 
to 9 °C. For the gas saturated case on layered particle the critical heat flux (CHF) was 
raised from 9.8 W/cm2 to 28.5 W/cm2.  Mughal et al. (1996) studied boiling of R-11 on a 
wicked surface found that cutting channels on the wick can improve boiling heat transfer 
coefficient by 200%.   El-Genk et al. (2005) demonstrated the porous graphite surface 
enhancement can initiate HFE-7100 to boil at low superheats of 0.5-0.8 K and that critical 
heat flux is seen to be 60% higher compared to plain copper surface.  
 
Franco et al. (2006) tested boiling of R141b on layers of wire mesh, and found an optimal 
configuration of 3-7 layers of   0.25-0.40 wire diameter and mesh aperture of 2 mm. A 
wire mesh was also found to delay the transition to film boiling which takes 8-10 minutes 
compared to just few seconds on a plain surfaces. Moghaddam et al. (2003) studied 
boiling of FC72 and water on copper and graphite foams and found that pore densities of 
60 and 80 PPI deteriorates the boiling performance of water due to its low permeability. 
On the other hand, these foam metals were able to enhance boiling for FC-72 by as much 
as 350% and 40% at low and high heat fluxes, respectively. Coursey et al. (2005) 
examined the geometric effects of graphite foam on boiling of both FC72 and FC 87, and 
found that denser foams improve boiling performance in a positive and linear manner. 
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This is because denser foams have a higher effective thermal conductivity allowing it to 
spread out heat over a larger area thus increasing the local superheat and the number of 
active nucleation sites.  Chien et al. (2002) have reported that the best boiling performance 
is found for a porous surface that has a ratio of coating thickness and pore diameter of 
3.85. Liter and Kaviany (2001) designed a modulated porous layered surface and it was 
able to provide a three times increase in the CHF and a substantial decrease in wall 
superheat compared to a finite plain surface.  
 
From the literature reviewed, it is apparent that boiling performance augmentation of 
porous coated surfaces is greatly influenced by the thermo-physical properties and 
geometry of the porous matrix. However, there is the lack of fundamental experimental 
studies in water boiling on porous surfaces in the sub-atmospheric pressure (wherein the 
cooler will be operating on). This is an opportunity for further study and this will be 
considered to be one of the objectives of this research.  
2.5.2 Finned surfaces  
 
The most common enhancement technique in heat transfer is to increase the contact 
surface area of a heat exchanger with the working fluid. The relative ease of mechanically 
forming fins on a boiling surface compared to other surface treatments that need high 
temperature fabrication (e.g. sintering) made it a popular choice in the heat exchanger 
industry.    
 
In 1973, Westwater (1973) and his colleagues studied the low-finned surfaces and they 
reported that bubbles larger than the inter-fin spacing create a vapor film at the root of the 
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fins, causing significant heat transfer “resistance”, leading to liquid dry-out phenomenon. 
As the generated bubbles are much smaller than the fin gap, the finned-tube surfaces retain 
the ability to supply liquid to the base of fins for heat removal. Fath (1986) and Gorenflo 
(1986) visually observed the effects of pressure at vapor pressures above atmospheric 
conditions (i.e. 5 to 40 bar) on pool boiling of R-22 on low-finned tubes. The heat transfer 
enhancement produced by finned-tubes tends to decline with increasing heat flux and 
pressure, and approach asymptotically to the boiling performance of a plain tube.  
 
McGillis et al. (1990) studied boiling of water on pin-finned surfaces, and they indicated 
that finned surfaces with small fin gaps can heat up the liquid more quickly than larger-
spaced finned surfaces, making it effective at initiating the boiling and increasing bubble 
departure frequency. However, they reported that fin thickness has insignificant influence 
on the boiling data. More recent studies on boiling heat transfer on finned-surfaces have 
focused also on dielectric working fluids such as FC-72 and FC-87, due to the higher 
wettability of these fluids. That is suitable for porous coating enhancements, and its 
suitability for immersion cooling. Rainey et al. (2000) studied micro-porous coated and 
plain pin-finned surfaces in saturated FC-72 medium and found that micro-porous coated 
finned surfaces provide significantly higher heat transfer coefficients over the plain finned 
surfaces, such that the influence of fin length is negligible. It is established that the 
pressure effect for both plain and micro-porous coated finned surfaces is similar to that for 
a flat surface, with nucleate pool boiling performance increasing with increased pressure 
(Rainey et al., 2003). Wei et al. (2003) evaluated the effects of fin geometry on silicon 
micro-pin fins in FC-72. With fixed thickness, the CHF increased monotonically with 
increasing fin height and a high CHF of 84.5 W/cm2 has been reported with the 
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combination of 50 µm thickness, 270 µm height. However, the work was deemed “as 
pseudo boiling phenomena” as gas-dissolved FC-72 was prepared at 45 K sub-cooling. Yu 
et al. (2007) visually observed that boiling on FC-72 on pin finned surfaces, began at the 
tip of the fin from where it spreads to the fin root. It can be concluded that reducing the fin 
spacing and increasing the fin length increases the heat transfer rate, for example, a pin-fin 
array having 4 mm fin height and 0.5 mm fin spacing showed a five times improvement 
compared to a plain surface.  
 
Based on the literature survey, there is a dearth of boiling literature of water at near 
vacuum for two-phase thermosyphon coolers. The lack of data availability and coupled 
with the vapor and fin-pitch controlled boiling regimes of water at low pressures are the 
objectives of the present work. Moreover, most published work, hitherto, tend to confine 
to small boiling footprint within a container/chamber volume. Such limitations could 
induce significant “pressure excursion” or fluctuations due to large amount of vapor 
release (vg > 20 m3/kg near vacuum conditions), causing a distortion of the q-∆T plot or 
boiling curve as the latter is measured in a few degrees above the saturation temperatures. 
It will therefore be a motivation of this research to investigate the nucleate pool boiling 
performances of water on arrays of finned surfaces under near vacuum pressures by 
having a suitable boiling footprint to condenser volume ratio. The saturated heat transfer 
are accurately controlled with known heat leaks and coupled with high speed visualization 
(HSV), the salient changes in the boiling curve could be explained from the rates of 
bubble formation and bubble inundation characteristics, namely, the bubbles moving 
through the fin spaces with assorted departure diameters as large as one-fin to several fin 
spacing. The boiling heat transfer regimes of water on enhanced surfaces at working 
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conditions found suitable for two-phase thermosyphon coolers will be further confirmed 
with HSV.    
 
2.6 Working Fluid for CPU Cooling 
 
For a two-phase device, it is of utmost importance to consider working fluid based on their 
condensation and boiling heat transfer coefficients, and critical heat flux. Apart from their 
heat transfer performance other requirements according to Palm et al (2003) are: 1) it 
should not be harmful to the equipment, people (not corrosive, explosive, and flammable), 
and to the global environment (zero ozone depletion potential); 2) stability of the working 
fluid under the environmental condition of the device without decomposing; 3) low price 
and readily available. The only working fluid that satisfies all of the above requirements is 
water. Furthermore the low saturated vapor pressure (below 1 bar) of water at ambient 
conditions (typically 30 °C-60 °C inside the CPU casing) allows the use of thinner walled 
pipe, that saves material cost and a lower wall thermal resistance. Hence, distilled water 
will be the working fluid of interest in this research.   
2.7 The Heat Transfer Coefficient  
 
Nucleate boiling heat transfer coefficient is the rate of heat removal by liquid boiling from 
a hot surface driven by a temperature difference (between the hot surface and the saturated 
liquid). It is conventionally expressed as, 
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The heat transfer coefficient may be obtained by dividing the heat flux (which is boiling 
heat transfer, Q, over the wetted surface area in contact with the fluid, A) by the 
boiling/wall superheat (difference between surface temperature and saturation temperature 
of the working fluid). Hence, a change in slope of the boiling curve would signify a 
change in the boiling heat transfer coefficient (see Figure 2.8). A steeper sloped boiling 
curve would correspond to an increasing heat transfer coefficient, and vice versa.   
 
However, in most of the literature on enhanced boiling surfaces, the nominal surface area 
(which is a much smaller value) of the heater instead of the contact surface area of the 
heater has been used. This misrepresentation can lead to enormous heat transfer 
coefficients, an order higher than that for boiling on plain surfaces. Thus to evaluate the 
boiling performance of one surface to another, it is appropriate to use the actual contact 
area in the calculation of heat transfer coefficient, thus normalizing the values of heat 
transfer coefficient with respect to the wetted surface area/contact surface area. Moreover, 
in this manner any enhancement or deterioration offered by various surfaces can easily be 
identified as a contribution from the particular heat transfer mechanism.  
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Sub-atmospheric pool boiling experiment of water will be necessary to provide heat 
transfer data and empirical correlations with which to design and predict the boiling 
performance of plain and enhanced surfaces. Focusing on applications in two-phase 
thermosyphon system for CPU cooling, a boiling test facility was constructed with 
physical dimensions and operating conditions similar to those in which the cooler will be 
operating. Tests were performed with distilled water at sub-atmospheric saturation 
pressures (2, 4, and 9, kPa).  Fully developed nucleate boiling will be the particular regime 
of interest.  
 
The state-of-the-art pool boiling test facility is shown in Figure 3.1. It consists of 5 main 
components – (1) Pool boiling chamber, (2) Heater chamber, (3) Measurement and data 





























Figure 3.1. Pictorial view of the low pressure boiling testing facility. 
 
3.1 Pool boiling chamber 
 
A schematic diagram of the integrated pool boiling chamber and the heater chamber is 
shown in Figure 3.2. The boiling chamber body is an ISO NW100 EVAC tapered quartz 
adapter/spool having a nominal internal diameter of 100 mm and length of 100 mm. The 
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thickness of 12 mm, and holds three ISO-KF DN16 stainless steel flange with short tubes 
for vacuum connections. These flanges are used to join an ISO-KF DN16 stainless steel 
tee, an ISO-KF DN16 ¼” screw-on flange (adapted for the condenser coil inlet), and a 
ISO-KF DN16 (50V, 2Amps) 9 pins electrical feedthrough (with vacuum and atmospheric 
side connections). The tee connects a pressure transducer, condenser coil outlet, and a 
vacuum valve (degasification port).  The boiling chamber was designed to have a 
sufficiently large volume (785 cm3) and also a relatively large condenser area (400 cm2) 
so as to avoid instantaneous pressure excursions caused by large vapor bubble formations 
inherent in low pressure boiling, a difficulty observed by Mcgillis et al. (1990).  
 
The condenser coil is made of a 6.35 mm copper tube 2 meters long, with its inlet and 
outlet sealed by screwed-on flange adapters. The condenser is wound to have an inner 
(diameter 35 mm) and outer (diameter 80 mm) coil   A temperature controlled Polyscience 
(9702) temperature controlled water bath circulates chilled water into the condenser coil, 




























Figure 3.2. Detailed schematic of the boiling/heater chamber. 
 
A polytetrafluoroethylene (PTFE) plate separator (99 mm diameter 20 mm thick) in 
between the boiling and the heater chamber holds the liquid pool of water. The separator 
has a radial static gland (2.5 mm depth and 3 mm width) for an O-ring seal, which 
prevents water leakage into the heater chamber below. A threaded hole at the center of the 
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its characteristics of very low thermal conductivity (0.25 W/m-K) and high melting point 
(compared to plastic acrylic or polycarbonate) of 327 °C, which enable minimal lateral 
conduction heat loss from the test piece and ability to maintain its solid state even at high 
temperatures.  
 
3.2 Heater chamber 
The heater chamber is a stainless steel tube with ISO-K DN100 flanges on both ends. 
Three ISO-KF DN25 flanges with tube are welded on the tube wall for vacuum 
connections. These flanges connect (1) a 2-pin copper ISO-KF NW16 power feed-through 
(2 kV, 16 Amps), which delivers electrical power to the cartridge heaters, (2) a vacuum 
pressure transducer, to detect any leakages from the boiling chamber and monitor pressure 
levels inside the heater chamber, (3) a borosilicate ISO-KF DN 25 view port, to visually 
inspect for any leakages. Inside the heater chamber, a copper heating block inserted with 
three 150 W cartridge heaters (100Ω, electrically in parallel) is suspended into the space, 
using four M3 brass studdings (threaded into PTFE separator) with a 1 mm thin steel base 
plate to support the weight of the block. The interface between the heater block and the 
test piece is filled with thermal interface material (TIM) (Arctic silver 5, over 88% silver 
by weight and thermal conductivity of about 9 W/m2K) to minimize contact thermal 
resistance between the two. An AC variable transformer (0 – 240 Vac, 0-5 Amps) allows 
manual control of the electrical power input to the cartridge heaters. Four ISO-K 130 mm 
claw clamps were used to fix the top cover of the boiling chamber with flange of the 
heater chamber on one end. The other end of the heater chamber is then blanked by an 
ISO-K DN100 quartz view port with four ISO-K DN63-250 claw clamps. With the heater 
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chamber fully sealed on both ends, it is able to maintain pressures below 2 mbar during 
the experiment.     
 
This unique heater chamber design prevents the heater block from any physical contact 
with the stainless steel chamber, virtually eliminating conduction heat loss to the ambient.  
As air is evacuated from it, convection heat loss from the heater is almost negligible. This 
leaves radiation as the only dominant mode of heat loss, as shown in Eq. (3.2).  Although 
these heat losses may seem to have been suppressed, they must be properly accounted for, 
to prevent over-estimation of heat fluxes and heat transfer coefficients.      
             
                (3.1) 
 
3.2.1 Heat Leak Test 
 
Analytical computations of the heat loss using various heat transfer correlations or even 
computational fluid dynamics simulations are deemed inaccurate in predicting these heat 
losses. The best method to estimate these heat losses is to conduct a heat leak test on the 
actual test facility.  
The procedure of the heat leak test is described below:  
1) boiling and heater chamber are vacuumed  
2) electrical power input to the cartridge heaters is set to a certain value (e.g. 1 W)  
3)  steady state temperatures of heater and  ambient air are recorded  
radiationconvectionconductionloss QQQQ ++=
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4) Repeat step 2 with electrical power input a step higher (e.g. 2 W), until a full range 
of temperature difference between heater and ambient is completed (e.g. 20 °C - 50 
°C).   
Then a plot of electrical power input against temperature difference (∆T) can be made. 
The electrical power input is the heat leak for that given ∆T. The heat leak plot for the 
boiling test facility is shown in Figure 3.3. A linear or polynomial fit of the data points is 
done (with the intercept set to zero, to signify no heat loss at zero temperature difference), 
whichever is more suitable, to provide a correlation between heat leak and ∆T  in the form 
below. 
( ) ( ) ( )TTTxQloss ∆+∆−∆= − 1032.00011.0105.3 235                    (3.2)  






























Figure 3.3. Heat leak as a function of temperature difference between heater and ambient. 
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For all the boiling test results, the boiling heat transfer will be calculated as the net heat 
input (total electrical power input minus heat losses), expressed as 
                                                   lossrmsnb QIVQ −=                                       (3.3) 
3.3 Measurement and Data acquisition 
Epoxy-encapsulated 2-wire thermistors (Omega model 44031, with PFA sleeving) with an 
accuracy of ±0.1 K were used to measure temperature levels in the following sections: 1) 
boiling surface; 2) liquid pool; 3) vapor space; 4) ambient air. Electrical signals form these 
thermistors are gathered by an Agilent (34970A) data acquisition device. Pressure in the 
boiling and heater chambers were monitored by an active strain gauge (ASG) (1-1000 
mbar range) with an accuracy of 0.2% full scale. A BOC Edwards turbo instrument 
controller is used to log these signals from the pressure transducers. A Fluke 177 digital 
multimeter measures the true root-mean-square (rms) of the AC voltage (Vrms) source to 
the cartridge heaters, with an accuracy of ±1%. A Fluke 87 III digital multimeter measures 
the AC current flowing into the cartridge heaters, with an accuracy of ±1%. Electrical 
power is then computed as the product of the Vrms in volts and AC current in amperes.  
These measurement devices are interfaced with a personal computer for data logging and 
storage.  
 
3.4 Vacuum pump and components 
Evacuation of air and non-condensable gases from the boiling test facility is achieved 
using an Edwards RV5 rotary vane pump (2 x 10-3 mbar ultimate vacuum) with oil mist 
filter. Manually actuated angle vacuum valves (ISO-KF VAH16-A) are connected on both 
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the boiling and heater chamber to facilitate controlled depressurization preventing 
significant pressure difference between the chambers. DN100 ISO-K aluminum centering 
rings (with inner and outer ring) were used to seal off connection interfaces (e.g. top cover 
and quartz adapter).  The whole boiling facility is assembled with standard high vacuum 
grade components (e.g. spool, connectors, flanges, valves, fittings, metallic hoses, and 
Viton O-ring seals) and is capable of maintaining pressures as low as 10-7 mbar.  
A vacuum leak test is conducted on the whole boiling test facility to ensure negligible air 
leak from the ambient. The boiling and heater chambers were vacuumed to a pressure of 
around 2.3 mbar and vacuum valves were fully closed. As shown in Figure 3.4, chamber 
pressure remained constant at 2.3 mbar all throughout the test (over 5 hours). This proves 

























Figure 3.4. Pressure level in the boiling and heater chamber for 5 hours. 
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3.5 Boiling surface test pieces 
 
Test pieces with various enhanced boiling surfaces were fabricated from a 30 mm 
diameter copper rod. All the test pieces have a threaded (1 mm thread depth) section of 
about 27 mm in length, as shown in Figure 3.5. Its boiling surface diameter is 30 mm. A 2 
mm hole is drilled about 0.15 mm near the boiling surface; this opening is where the 
thermistor will be inserted for surface temperature measurement. A rectangular slot at the 
other end of the test piece is made for screw driver tightening of the test piece into the 
PTFE separator. The plain boiling surface is machine-finished (facing) using a lathe 
machine. Enhancements such as fins and porous medium will be formed or attached onto 
this plain surface.  
  
           
 
Figure 3.5. Schematic diagram and pictorial view of boiling test piece. 
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3.5.1 Finned boiling surfaces 
 
To study the parametric effect of fin geometry on boiling performance, various fin 
configurations were fabricated. Longitudinal rectangular plate fins are integrally formed 
above the copper test piece, as shown in Figure 3.6. The fins were machined by a wire 
electrical discharge machine (EDM), as it is the only machining technique capable of 
creating deep narrow cuts as small as 0.5 mm (not possible using milling machines, as no 
cutter as small as 0.5 mm with a shank of more than 15 mm long is available to cut as 
deep as the fin height of 15 mm). The fin array dimensions investigated are: (1) fin 
spacing, g (0.50, 0.75, and 1.0 mm), (2) fin height, h (0.75 – 15.0 mm), (3) fin thickness, t 
(0.5, 1.0, 2.0 mm). The effect of these geometrical variations on boiling heat transfer will 
be discussed in following sections.  
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3.5.2 Porous coated boiling surfaces 
 
To create a porous medium on the boiling test piece, commercially available open cell 
copper metal foam (Porvair) is soldered onto the boiling surface, as shown in Figure 3.7. 
As metal foams are rectangular in shape further machining is needed to modify it into a 
cylinder to match the test piece. Various metal foams with different pore densities (40-100 
PPI) and layer thickness (0.25 cm - 2.0 cm) were fabricated.  
 
 
Figure 3.7. Porous coated boiling test pieces. Coating thickness of 2.5 mm and pore 
density of 60 PPI. 
 
3.6 Experimental Procedure 
 
The experiment begins with the assembly of the heater block and test piece. A thermistor 
is placed inside the lateral hole of the test piece, to measure the boiling surface 
temperature. Then the test piece’s threaded section is wrapped with PTFE seal tape before 
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it is screwed into the PTFE separator until the boiling surface is flush with PTFE surface. 
The interface lining between the test piece and the PTFE is filled with Dow Corning 744 
RTV adhesive sealant, to prevent leakage to the chamber below, and also to avoid boiling 
on this interface crevice. After the sealant is cured for 24 hours at room temperature, the 
heater block’s surface is applied with a thermal interface material (Artic silver 5) before it 
is attached onto the bottom end of the test piece, tightened and secured by a base plate 
bolted with the brass studs. Finally, the chamber bodies are clamped together with the top 
and bottom blanking flanges hermetically sealing the whole system.   
 
The boiling chamber is filled with distilled water to about 60 mm above the test piece to 
ensure that the fins and foam metal are totally immersed in the liquid pool. The vacuum 
pump is turned on with the valves to the boiling and heater chamber closed. The valve to 
the heater chamber is opened for about 20 minutes, until the pressure drops below 1 mbar 
before it is closed. Next, the boiling chamber’s vacuum valve is opened to degasify the 
water pool and to evacuate the air on the vapor space. This is done with the heater 
simultaneously heating up the water to flash out non-condensable gases, for approximately 
15 minutes. It is important to note that at anytime the two valves must not be opened 
simultaneously, as the gradient in pressure between chambers could create a backflow of 
water vapor from the boiling chamber to the heater chamber, potentially short-circuiting 
electrical connections caused by water condensate and also leading to increased heat leak. 
The valves are then closed and the system is cooled down to steady state, and to ensure 
that the water is in saturated state, the bulk liquid and the vapor space temperatures are 
compared and must have a difference of not more than ±0.1 K, if not degasification is 
repeated. The corresponding saturation pressure at the liquid/vapor temperature is also 
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compared with the boiling chamber pressure transducer reading, to validate the saturation 
condition inside the boiling chamber.  
 
Before all else, the data acquisition system starts recording the temperature and pressure 
readings at initial steady state conditions continuously until the very end of the test run, at 
a rate of one reading per second. During the test run, the heat flux is raised in small steps 
from 1 W/cm2 to a maximum of 75 W/cm2 or when critical heat flux (CHF) is reached or 
when boiling surface temperature exceeds 75 °C which is the maximum operating 
temperature of the thermistor. Critical heat flux (CHF) has occurred when boiling surface 
temperature suddenly spikes to very high temperatures and is increasing indefinitely. The 
temperature bath is set to supply a constant chilled water temperature to the condenser 
coils, maintaining the boiling chamber pressure at a desired value, chilled water 
temperature is tuned to match the subsequent higher heat input. At every heat flux, once 
the temperature difference measured by all the thermistors in the boiling chamber is less 
than 0.3 K in a waiting time of about 300 seconds, steady state is assumed to be reached. 
At this time, the voltage and current measured by the multimeters is recorded.  
 
The steady state temperature difference between the boiling surface and the saturated 
vapor is the wall/boiling superheat at that heat flux and saturation pressure. Given that 
boiling curves are highly influenced by saturated vapor pressure, a boiling curve can be 
plotted within the range of heat flux for every constant pressure levels.   
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3.7 Measurement Error 
 
The measurement error in the experimental facility is described in this section. According 
to Wheeler and Ganji (1996) the uncertainty or overall measurement error can be 
determined as shown in Eq. (3.2),  
                           ( )2U ∑= Error      (3.2) 
The relative uncertainty in the measurement of heat load is computed as 


















U VIQ                                        (3.3) 
The accuracy of the multimeter used are both ± 1 %, the maximum relative uncertainty in 
measuring the heat load is 1.4%.  
  
The relative uncertainty in the measurement of heat transfer coefficient is computed as 

































                            (3.4) 
 
The accuracy of the thermistor is ± 0.1 K, and the smallest boiling superheat measured is 
1.98, hence the maximum relative uncertainty in measuring the heat transfer coefficient is 
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3.8 High Speed Visualization  
 
The transparent boiling chamber permits high speed visualization of the boiling 
phenomena.  A high speed monochrome video camera (HSV) (Fastcam super 10K, with a 
maximum frame rate of 10,000 fps) was set up, as shown in Figure 3.8.  A hydrargyrum 
medium-arc iodide lamp transmits “daylight” (its color temperature is about 5,600 K) 
quality lighting into the boiling chamber. The HSV camera is also equipped with a high 
magnification lens (AF Micro-Nikkor 60 mm 1:2.8 D) to have close-up footage of the 
ebullition process in between adjacent fins, this is needed given that the fin space could be 
as narrow as 500 μm. Bubble formation and flow characteristics are taken by the HSV 
camera at a rate of 500 frames per second (fps) within the span of only two seconds. A 
slower camera speed was selected to obtain a higher resolution of 512 by 240, which 
would otherwise be just 128 by 34 if a camera speed of 10,000 fps was chosen. This 
compromise is necessary to ensure better picture quality for qualitative analysis.  
 
Figure 3.8. High speed camera and high-lumen lighting for boiling visualization. 
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The following section is a parametric study of finned surfaces immersed in saturated 
water. Fin geometry (fin thickness, fin height, fin space, pin fin), sub-atmospheric 
saturation pressures (2 and 9 kPa), and heat flux (1 W/cm2 to 75 W/cm2) are varied, to 
elucidate their effects on the boiling curve or boiling heat transfer coefficient. The chapter 
begins with the verification of initial experimental results on plain surfaces by comparing 
them with well-known empirical correlations. This is followed by a series of investigation 
on effects of fin thickness, height, space, and design on the boiling phenomena. Finally, 
enhancement of these finned surfaces over plain surfaces is explained. 
 
3.9 Comparison of experimental results with empirical correlations   
 
Firstly, pool boiling of water was done on a plain copper surface at three sub-atmospheric 
pressures of 2, 4, and, 9 kPa. Data gathered from this test will serve as a benchmark 
boiling performance to be compared with that of the finned surfaces. This will also prove 
the credibility of the experiment by comparing the test results with empirical correlations 
that have been widely accepted and used for decades. Figure 3.9 shows the boiling curves 





























Figure 3.9. Boiling curves of pool boiling on a plain copper surface at sub-atmospheric 
pressures of 2, 4, and 9 kPa with predictions from Cooper’s correlation (Cooper, 1984). 
 
 
The origin on the boiling curve plot is set to heat flux of 10 W/cm2 and boiling super heat 
of 10 K, because it is above these levels that the ebullition process is continuous and fully 
developed.  Apparently increasing the saturation pressure shifts the boiling curve to a 
lower superheat, which means higher heat transfer coefficients at higher pressures, as 
shown in Figure 3.10. This is expected given that the vapor is less dense thus bubbles 
carries less heat per unit volume. Furthermore, the critical radius (the radius in which a 
vapor nuclei can exist) is decreased at low pressures; this increases the minimum boiling 
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number of active nucleation sites. The steep slope of their boiling curves means that 
boiling heat transfer coefficient increases rapidly with heat flux until the critical heat flux 
(CHF) is reached, similar to experimental results shown in Figure 3.10 and this 




































Figure 3.10. Heat transfer coefficient of a copper plain surface at various sub-atmospheric 
pressures. 
 
( ) 67.05.055.010ln4343.012.0 log55 qMpph rRrnb p −−− −=    (3.5) 
 
Where Pr is the reduced pressure of the working fluid and is defined as the saturated vapor 
pressure over the critical pressure of the fluid. M is the molecular weight of the fluid in 
g/mol, Rp is surface roughness in μm, and q is the heat flux in W/m2.  
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The correlation of Cooper (1984) was especially selected because it considers the effect of 
pressure which is a significant factor at low reduced pressures. This effect is represented 
through the Pr term in the equation. This correlation is unlike the widely quoted boiling 
correlation of Rohsenow (1952) which does not have this pressure correction.   































Predicted heat transfer coefficient (W/m2-K)
+20%
 
Figure 3.11. Experimental and predicted heat transfer coefficients compared. 
 
The predicted heat transfer coefficient is compared with the experimental results, as 
shown in Figure 3.11, and has been shown to be within ±20% of the predicted values. The 
Cooper’s correlation (Cooper, 1984) consistently under predicts the experimental values 
by a maximum percentage difference of 17%, 16%, and 11% for 2 kPa, 4 kPa, and 9 kPa, 
respectively. It is apparent that the percentage difference between predicted and 
experimental values is declining at higher pressures. This could be due to the range of 
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reduced pressures that this correlation was fitted from, that is from 0.001 to 0.9. With 
saturated water at these low pressures of 2, 4 and 9 kPa their respective reduced pressures 
are about 0.00009, 0.00018, and 0.00041, which are one to two of orders of magnitude 
lower compared to the lowest reduced pressures that is covered by the correlation’s 
database.  The usage of the correlation beyond the recommended reduced pressure range 
is the reason that the prediction does not match well at much lower pressures, but rather 
starts to approach the experimental values at higher pressures, when reduced pressures 
close in on the minima of the database range of 0.001.  
 
In Figure 3.9 the critical heat flux (CHF) of each boiling curve is designated by a dashed 
arrow. A well-known method for calculating the critical heat flux was formulated from the 
hydrodynamic models of Zuber (1959) and Kutateladze (1948) and with the assumption 
that the Helmholtz-unstable wavelength might be equal to the Taylor wavelength an 
equation of this form, Eq. (3.6) was derived by Leinhard et al. (1973) for infinite 
horizontal flat surfaces.   
 
                                     ( )42/1, 149.0 σρρρ gffggLCHF ghq −=       (3.6) 
 
 
where ρf  is the liquid density in kg/m3, ρg is the vapor density in kg/m3, σ is the surface 
tension in N-m, g is the gravitational acceleration in m/s2, and hfg latent heat of 
vaporization in J/kg.  
 
Leinhard et al. (1973a and 1973b) further extends this theory to small heaters, with 
dimensional correction ratios expressed as Eq. (3.7)   
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=                 (3.7) 
Where ( )gfd g ρρ
σπλ
−
= 321 is the one dimensional Taylor wavelength derived 




















Zuber's correlation, eq. (4.2), infinite heater size 
Zuber's correlation, with heater size correction 
McGillis et al (1991), 1.27 cm square heater
McGillis et al (1991), 0.98 cm diameter heater
Lienhard et al (1973), 6.35 cm diameter heater
Present study, 2.8 cm diamter heater
Pal et al (2008), 1.27 cm square heater
Launay et al (2005), 1 cm square heater
                
Figure 3.12. Critical heat flux of water at various saturation pressures. 
 
         
The experimental CHF results are plotted in Figure 3.12 along with the experimental 
results from the literature. Zuber’s correlation (Zuber, 1959) Eq. (3.6) for small heaters 
has shown to be in good agreement with the experimental results, by having very close 
values and similar trend and slope.  The predicted values of qCHF for pressures  2 kPa, 4 
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kPa, and 9 kPa are 29.0 W/cm2, 38.7 W/cm2, and 53.8 W/cm2, respectively (a percentage 
difference of only 3.8%, 1.3%, and 12.3% from the experimental values).  
McGillis et al (1990), which provides the most recent and only data in sub-atmospheric 
boiling of water for finned surfaces, shows that their plain surface results are about 100% 
out from the predicted results, and that their CHF results are almost constant with 
increasing pressure. These disturbing results may have been caused by significant 
experimental design errors. There are several factors which contribute to the substantial 
discrepancy of their results: 
 
1) Their experiments were conducted with a small boiling chamber volume (in which 
boiling was confined) in that some 30% of the volume of about 116 cm2 was occupied by 
liquid in their experiments. This small space experiences intermittent pressure excursions 
with about 15-20 K fluctuations as shown by Niro et al. (1990). The liquid is 
instantaneously sub-cooled the liquid upon the expansion of a large vapor bubble.  The 
saturation boiling condition is thus violated.  
 
2) A narrow vapor flow passage was used. This refers to the 2.5 cm I.D. and 125 long tube 
used as the condenser. With very high specific volume of water vapor at these pressures, 
high vapor velocity flows (about 1.5 m/s) though this narrow diameter tube creating a 
significant pressure drop along its 125mm length. A pressure gradient along the pipe 
length is created. This pressure drop is about 1.7 kPa at 100 W of heat input, which means 
that the actual vapor pressure at the liquid-vapor interface could be 10.7 kPa instead of 9 
kPa as read by the pressure transducer at the other end.  
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3) The heater was small in size and the heater surface was about 1.27 cm2. Unaccounted 
side heat losses were thus significant from the small surface of the heat input. 
 
4) Thermocouples with an accuracy of ±1 K were used in the experiment, a series of 
thermocouples embedded axially along the insulated copper rod are used to measures the 
temperature gradient. This information is then used to back calculate the heat flowing 
through the heated rod using a one-dimensional steady state conduction model. This 
method of heat flux calculation is flawed, as it ignores the heat leaking out laterally away 
from the rod and the fact that the temperature differences along the rod (with the probe 
locations spaced 1 cm apart) could be as small as 0.5 K at 10 Watts of heat input, the 
method could potentially provide percentage errors in the vicinity of 100%.  
 
The initial boiling tests on a plain surface show that the current facility provides accurate 
results. The values of critical heat fluxes are within the limits of physical phenomenon, 
(Leidenfrost phenomena as predicted by Zuber’s correlation), and heat transfer 
coefficients near the predicted values of Cooper’s correlation (Cooper, 1984). After the 
experimental validation of the facility, the author is confident that the experimental 
methodology and setup are delivering reasonable results. Further boiling experiments on 
enhanced surfaces are being pursued. The following sections investigate the parametric 
effects of finned surfaces on boiling performance, with heat transfer coefficients and heat 
fluxes based on the base (projected) heater surface area, which is information considered 
useful in electronics cooling applications.  
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3.10 Effect of Fin Thickness  
 
An array of longitudinal rectangular finned boiling surfaces having various fin 
thicknesses, t = 0.5 mm, 0.75 mm, and 1.0 mm with fin height, h = 15 mm and fin 
spacing, g = 0.5 mm were tested. Figure 3.13 shows the boiling curves for various fin 
thicknesses at pressures of 2 and 9 kPa.  
 
 
Figure 3.13. Boiling curves for finned surface having different fin thicknesses with 
constant fin spacing, (g) = 0.5 mm, fin height, (l) = 15 mm, at pressures of 2 kPa and 9 
kPa. Heat fluxes are based on the projected heater surface area. 
 
In general, the finned surface with t = 0.75 mm has its boiling curve situated at a lower 
boiling superheat compared with that for t = 0.50 mm and t = 1.0 mm. It is evident that t = 
0.75 mm is the optimal fin thickness for this particular fin spacing and height. For all the 
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finned surfaces tested, there is a noticeable change or decline of slope in their boiling 
curves. This is considered a degradation of boiling performance as the superheat increases 
at a faster rate for a constant step increase in heat flux. This behavior seems to be 
encountered only for finned surfaces, as boiling on plain surfaces does not exhibit such 
degradation. The thickest fin t = 1 mm has been shown to have a slightly better boiling 
performance compared to the rest at low heat fluxes but its performance deteriorates at 
higher heat fluxes approaching that of  t = 0.5 mm. This is because at low heat fluxes 
nucleation sites are limited (low heat flux means low superheat and this increases the 
critical radius to a higher value, and bubbles smaller that the critical radius will not grow), 
thus not all fin spaces will contain bubble. With thicker fins, the fins can conduct more 
heat to the liquid in the fin space, thus effectively superheating the liquid leading to 
increased number of nucleation sites. This then leads to early activation (at lower heat 
fluxes) of nucleation sites and boiling heat transfer is improved. However, as the heat flux 
is raised, the finned surface with thick fins will have all its fin spaces completely occupied 
by vapor bubbles. Vapor bubbles create significant thermal resistance as their thermal 
conductivity is about 30 times lower than that of their liquid state. Furthermore, these 
bubbles block the liquid from re-wetting the nucleation site, creating localized dry spots 
on the base surface. These factors acting together deteriorate the boiling performance of 
thick fins.  On the other hand, thin finned surfaces, such as for t = 0.5 mm, have very low 
fin efficiency given its tall height and the high heat transfer coefficient inherent in the 
nucleate boiling process. The fin tip section may then contribute minimal heat transfer, 
rendering the section useless. Moreover, the boiling curve for t = 0.5 mm indicates 
minimal change in slope in the high heat flux region compared to that for thicker fins. This 
may be due its larger inter-fin space, allowing bubble formation and departure without 
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significant constriction and crowding, especially at high heat fluxes when numerous 
bubbles are formed. Therefore, an optimal fin thickness may be found with a balance 
between fin efficiency and inter-fin spacing. 
 
The saturation pressure wherein the finned surface operates in, affects its boiling curve in 
a similar manner as that for a plain surface. That is, at higher pressures the boiling curve 
moves to lower superheats. Although, the behavior is the same, the measure of 
improvement per unit increase in pressure is not. There will be a detailed discussion about 
this in a later section when the concept of heat transfer augmentation ratio is presented. 
Moreover, the decline in the boiling curve is more drastic at lower pressures. This is 
because at lower pressures, bubble departure diameter is significantly larger with the 
bubble size as large as 2-3 cm at 2 kPa (shown in Chapter 4), and the bubble envelopes the 
fin base more quickly with its larger size.  
 
Boiling heat transfer coefficients, hnb, can be calculated from the boiling curves of the 
finned surfaces. hnb is then plotted against heat flux as shown in Fig. 4.6. Generally hnb 
rises with increasing heat flux. However, upon reaching a certain peak value, hmax, it 
declines to an asymptotic value. This initial rise of hnb is expected as this is also observed 
for plain surfaces, but surprisingly there is a maximum heat flux, qhmax. Unlike the plain 
surface, the hnb of finned surfaces is not always proportionally related to heat flux. This 
indicates that the fin structure physically disturbs the bubble hydrodynamics or boiling 
regime for such deviation to occur. Another interesting feature of the finned surfaces is 
that critical heat flux is not reached at the corresponding critical heat flux of plain surface, 
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and is located at a much higher value (qCHF,plain < qCHF,finned), not reached in the range of 
heat flux implemented in the experiment.   
 
The fin thickness influences the hnb of a finned surface due to the interplay between fin 
efficiency and inter-fin space, as shown in Figure 3.14.  Fin thickness also affects the 
magnitude of hmax, and also its corresponding heat flux value, qhmax. It seems that the 
thinner fins have their qhmax at higher values compared to thicker fins, as shown in Table 
3.1. 
 
Figure 3.14. Heat transfer coefficient versus heat flux (based on the projected heater 
surface area) for finned surface having different fin thicknesses with constant fin spacing, 
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Table 3.1. Surface area and boiling heat transfer performance of various fin design. 
Fin type 









2 kPa      9 kPa 
qhmax (W/cm2) 
 
2 kPa    9 kPa 
t = 0.50 mm 353 22,236 2.28 4.68 41.0 57.5 
t = 0.75 mm 282 18,176 2.88 5.88 26.3 54.2 
t = 1.0 mm 235 15,475 2.45 5.03 22.2 32.1 
 
As fin thickness is reduced, with other geometric dimensions l and g held constant, the 
corresponding un-finned base area increases. The un-finned base area multiplied by the fin 
height represents the volume of the inter-fin space. From Table 3.1 it is evident that the 
finned surface having the most un-finned base area has the highest qhmax. This means that 
the finned surface which can accommodate a larger quantity/volume of bubbles by having 
a larger inter-fin space can defer the deterioration of hnb to higher heat fluxes (with more 
inter-fin space bubbles encounter less drag as they escape and are less likely to crowd in 
the fin spaces, that is why hnb continues to increase with increasing heat flux at a wider 
range of heat fluxes). The finned surface with t = 0.75 mm is the optimal configuration 
and has the highest hmax that is 2.9 and 5.9 W/cm2-K at 2 and 9 kPa pressures, 
respectively. This is expected knowing that its boiling curve is located at lower superheats.  
 
Increasing the saturation pressure (increase in number of nucleation sites as well) would 
increase both hmax and qhmax. For all t = 0.5, 0.75, and 1.0 mm finned surfaces, the increase 
of pressure from 2 to 9 kPa corresponds to an improvement in hmax by about a factor of 
2.05 consistently. This indicates that pressure plays an important role in the boiling heat 
transfer from finned surfaces. This information is helpful to thermal engineers in deciding 
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the pressure at which the two-phase thermosyphon should best operate to achieve the 
lowest overall device thermal resistance.  
3.11 Effect of Fin Spacing 
 
A family of finned surfaces with various fin spacing, g = 0.5 mm, 1.0mm, 2.0 mm, was 
investigated. Boiling curves of these surfaces at 2 kPa pressure are displayed in Figure 
3.15. Unlike the results from surfaces of different fin thicknesses, when an optimal 
configuration is found, there is clearly no single configuration that outperforms the rest in 
the range of heat flux tested. Looking at the boiling curve of the surface with the 
narrowest fin gap g = 0.5 mm, at low heat flux the superheat is lower, but the slope of the 
curve declines rapidly at higher heat fluxes as it intersects the curves of g = 1.0 and 2.0 
mm surface at heat fluxes of 32.6 and 57 W/cm2, respectively. Obviously, the 
deterioration in boiling performance at higher heat fluxes is caused by narrow fin spaces 
which constrict bubble escape. Therefore the suggested fin gap when operating at about 2 
kPa pressure is g = 0.5 mm when under 30 W/cm2 of heat flux and g = 1.0 mm for heat 
fluxes above 30 W/cm2. It may be noted that the slopes at g = 1.0 and 2.0 mm are about 
the same as those of the plain surface (clear bubble escape path), meaning that at these 
values of fin gap the fin structure is causing minimal obstruction to bubble 
hydrodynamics.  















g = 0.5 mm
g = 1.0 mm
g = 2.0 mm
plain surface
 
Figure 3.15. Boiling curves for finned surface having different fin spacing with constant 
fin thickness (t) = 1.0 mm, fin height (h) = 15 mm, at 2 kPa pressure. The plain surface 
















g = 0.5 mm
g = 1.0 mm
g = 2.0 mm
plain surface
 
Figure 3.16. Boiling curves for finned surface having different fin spacing with constant 
fin thickness (t) = 1.0 mm, fin height (l) = 15 mm, at 9 kPa pressure. The plain surface 
data is measured with the same apparatus. Heat fluxes are based on the projected heater 
surface area. 
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For the case of 9 kPa pressure as shown in Figure 3.16, the boiling curve of g = 0.5 mm 
surface again tilted towards higher superheats intersecting the curve of g = 1.0 mm surface  
at 57 W/cm2. With the g = 0.5 mm intersecting the curve of g = 1.0 mm at a higher heat 
flux (point of intersection for 2 kPa is 32.6 W/cm2 < 57 W/cm2 at 9 kPa) compared to 
when pressure is at 2 kPa, this signifies that the deterioration is not as extreme as 
compared to the case for 2 kPa pressure. Inherently bubbles are significantly smaller at 
higher pressures they are able to flow out of the narrow fin space with ease, thus deferring 
the formation of stagnant vapor film at fin roots (boiling deterioration) to higher heat 
fluxes.  Again, surfaces g = 1.0 and 2.0 mm both have their boiling curve slope in a 
similar fashion as for the plain surface. Therefore the applicable fin space at 9 kPa 
pressure is g = 0.5 mm at heat fluxes below 57 W/cm2 and for heat fluxes beyond 57 
W/cm2 g = 1.0 mm should be designed.  
 
By comparing Figure 3.15 and Figure 3.16, it is again observed that higher pressures 
offset the boiling curves of finned surfaces to lower superheats. But another interesting 
phenomenon occurs as well; that is for the surface at g = 1.0 and 2.0 mm their boiling 
curves are distorted at 2 kPa pressure. This distortion is observed at low heat fluxes, 
wherein their boiling curves have a very small slope that is comparable to that of natural 
convection heat transfer. When the heat flux is raised to a certain level (around 10 
W/cm2), a maximum superheat value is approached before the curve starts to shift back to 
lower superheats with increasing heat flux; thereafter it begins to resume the slope of a 
typical boiling curve. This phenomenon is called boiling hysteresis.  This is surprising 
knowing that such phenomenon typically occurs only for boiling of highly-wetting 
working fluids such as FC-72 and FC-87 as shown by You et al. (1992), El-Genk et al. 
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(2005), Moghaddam et al. (2003), and Coursey et al. (2005). This proves that even finned 
surfaces in water (which is a non-wetting liquid) are susceptible to boiling hysteresis when 
fin spacing are large, and this is despite the fact that results on plain surfaces showed no 
sign of hysteresis at these heat fluxes (10-15 W/cm2). This is because large fin gaps allow 
enough space for cold liquid re-circulation (strong natural convection), this liquid motion 
effectively removes superheated liquid near the base surface (thermal boundary layer) 
which could have been stagnantly heated to higher temperatures that will activate boiling 
nucleation sites. Hence, boiling on finned surfaces with large fin spacing at low pressure 
would somehow enhance not the latent heat transfer mechanism but rather the single phase 
natural convection, which basically are the two dominating heat transfer mechanism at 
low heat fluxes and pressures. The surface with larger fin gap g = 2.0 mm has a higher 
hysteresis temperature overshoot of about 9 K compared to 6 K for g = 1.0 mm surface. 
This again supports the conjecture that strong natural convection influences the occurrence 
of boiling hysteresis.  
 
Heat transfer coefficients, hnb, of various surfaces g = 0.5, 1.0, 2.0 mm are presented in 
Figure 3.17. The heat transfer coefficients of finned surfaces with g = 1.0 and 2.0 mm 
increase monotonically with increasing heat flux. As such no maximum hnb is reached 
within the heat flux range, which resembles the behavior of hnb of plain surfaces; see 
Figure 3.10, unlike the surface with g = 0.5 mm for which hnb has a maximum hmax. 
However, it can be expected for surfaces with g = 1.0 and 2.0 that if heat fluxes are to be 
increased further, a point is reached where the heat flux is large enough for the fin walls to 
constrict bubble flow. Hence, larger surfaces with larger fin gaps, extends the proportional 
relationship between hnb and qnb to higher heat fluxes. When the pressure, surface 
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roughness, and working fluid are the same, Cooper’s correlation (Cooper, 1984) can be 
simplified into hnb = constant x q0.67, and the validity of this relationship for finned 
surfaces will be investigated in the later section. On the other hand, the finned surface g = 
1.0 mm has the highest hnb of greater than 3.4 W/cm2-K among all the longitudinal 
rectangular plate fins tested. This hnb could be higher, at heat fluxes beyond the 




























g = 0.50 mm, 2 kPa
g = 1.0 mm, 2 kPa
g = 2.0 mm, 2 kPa
g = 0.50 mm, 9 kPa
g = 1.0 mm, 9 kPa
g = 2.0 mm, 9 kPa
 
Figure 3.17. Heat transfer coefficient versus heat flux (based on the projected heater 
surface area) for finned surface having different fin spaces with constant fin thickness, (t) 
= 1.0 mm, fin height, (l) = 15 mm, at pressures of 2 kPa and 9 kPa.  
 
 
The smallest fin gap configuration, g = 0.5 mm surface out-performed the other large 
spaced finned surfaces in the low heat flux region < 30 W/cm2. It is around this heat flux 
that the boiling curve slope suddenly declines. It is worth noting that the slope of hnb is 
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very steep prior to stagnation of its hnb, and if only this trend were to be allowed to 
continue, heat transfer coefficients at 100 W/cm2 might be reduced to as low as 12 W/cm2-
K.   
 
3.12 Effect of Fin Height 
 
Two types of finned surface are investigated, A low-finned surface with fin height of l = 
0.75 mm and a high-finned surface with l = 15 mm, and both with similar fin thickness, t 
= 0.5 mm and fin space of g = 0.5 mm. Figure 3.18 shows the boiling curves of these two 















l = 0.75 mm, 2 kPa 
l = 0.75 mm, 9 kPa 
l = 15.0 mm, 2 kPa 
l = 15.0 mm, 9 kPa 
 
Figure 3.18. Boiling curves for finned surface having different heights with constant fin 
spacing, (g) = 0.5 mm, fin thickness, (t) = 0.5 mm, at pressures of 2 and 9 kPa. CHF is 
reached for the low finned surface. The heat fluxes are based on the projected heater 
surface area. 
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At 2 kPa pressure, in the low heat flux region the boiling curve of the high-finned surface 
is situated at lower superheats compared to that of the low-finned surface. Initially, the 
boiling curve of the high-finned surface is at a significantly lower superheat compared to 
that of the low-finned surface at low heat flux, but as the heat flux is increased this offset 
starts to decrease until the curves intersects each other. This happens because at low heat 
flux, there is a lack of nucleation sites and thus natural convection is the main heat transfer 
mechanism of heat transfer, and thus some of the fins are still cooled by sensible heat 
transfer. This benefits the high-finned surface, which has the most heat transfer area for 
single-phase natural convection, and thus outperforms the low-finned surface. However, in 
the high heat flux region, the initial advantage that the high finned surface had over the 
low-finned surface is diminished. Finally, the boiling curve of the high-finned surface 
intersects that of the low-finned surface at around 50 W/cm2. This demonstrates that high 
fins create significant friction flow resistance that impedes the escape of large bubbles 
from the fin root, and despite having about 20 times more finned surface area their boiling 
performance is the same. Interestingly its huge heat transfer surface area is rendered 
useless.  
 
At 9 kPa pressure, boiling curves of high and low finned is coincide and then begin to 
diverge at around 15 W/cm2. This coincident portion indicates that additional heat transfer 
area employed by high-finned surface is not utilized in the low heat flux region. Since 
latent heat transfer is seen to be the dominant heat transfer mechanism at 9 kPa, the high 
heat transfer coefficient would create a large temperature gradient along the fin height. 
With the temperature at the fin tip portion almost as cold as the liquid saturation 
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temperature, its poor fin efficiency can cause the high fins to act like the low fins at low 
heat flux. Fin efficiency of these finned surfaces will be in a later section.   
 
CHF of at 56 W/cm2 is reached for the low-finned surface at 9 kPa pressure. This 
demonstrates that high-finned surfaces do not only provide extended surface areas for 
boiling heat transfer and increase nucleation sites, it can also physically “wall” large 
bubbles from coalescing into a vapor blanket that could potentially cover the whole heater 
































l = 0.75 mm, 2 kPa
l = 0.75 mm, 9 kPa
l =15.0 mm, 2 kPa
l =15.0 mm,9 kPa
 
Figure 3.19. Heat transfer coefficient versus heat flux (based on the projected heater 
surface area) for finned surface having different fin heights with constant fin thickness, (t) 
= 1.0 mm, fin space, (g) = 0.5 mm, at pressures of 2 kPa and 9 kPa.  
 
The corresponding heat transfer coefficients of the high and low finned surfaces are 
illustrated in Figure 3.19. The results for 2 and 9 kPa pressures seem to indicate 
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contradictory behavior. At 2 kPa, the hnb of the high-finned surface remains constant at 
higher heat fluxes with the hnb of the low-finned surface ceaselessly increasing with qnb. 
This is expected as the low-finned surface provides the bubble a free escape path similar 
to a plain surface, such that the relationship of hnb and qnb is preserved. In contrast, the 
long narrow path provided by high-finned surfaces resists vapor flow causing stagnation 
of hnb with respect to qnb.  Interestingly at 9 kPa, it is the other way around. The fact that 
the hnb of low-finned surface at 9 kPa is approaching that of the 2 kPa, explains that the 
increased nucleation sites provided by low-finned surfaces create large quantity of smaller 
bubbles, but with the fins much smaller than the bubble size, these bubbles are able to 
coalesce on the fin surface before departing, this is analogous to one large bubble 
departing which is the case for 2 kPa.  
 
3.13 Effect of Pin Fin Design 
 
After an extensive experimental investigation on plate fins, there are three geometric 
requirements to improve boiling performance, namely: 1) Narrow fin space, 2) Adequate 
inter-fin space, and 3) high fins.  





























rectangular fin, 2 kPa
rectangular fin, 9 kPa
square pin fin, 2 kPa
square pin fin, 9 kPa
 
Figure 3.20. Heat transfer coefficient versus heat flux (based on the projected heater 
surface area) for rectangular and square pin finned surfaces with fin spacing, (g) = 0.5 
mm, fin thickness, (t) = 1 mm, and fin height, (l) = 15 mm at 2 and 9 kPa pressures.  
 
To satisfy these requirements, Pin fins may be employed instead of plate fins. Since, pin 
fins increases both heat transfer area by 19 % and inter-fin space by 10.2 % compared to 
plate fins of similar dimensions (fin gap, thickness, and height). A pin fin boiling heat sink 
was also fabricated with dimensions of g = 0.5 mm, t = 1.0mm, and l = 15 mm and its 
performance is compared with a plate finned surface of similar dimensions, shown in 
Figure 3.20. 
 
Pin fins improve the maximum hmax to 3.2 W/cm2-K and > 6.0 W/cm2-K (not reached in 
within the heat flux range), at 2 and 9 kPa pressures, respectively. This is a 30.6 % and > 
19.3 % improvement compared to those of plate fins, respectively. The hmax is also 
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displaced to higher qhmax, as observed for the 2 kPa, from 22.2 to 32 W/cm2. This again 
proves that with the adequate space for vapor escape and liquid refill, pin-finned surfaces 
can bring about significant enhancement.  
 
 
3.14 Heat Transfer Augmentation ratio 
 
The enhancement ratios of the two best performing boiling surfaces tested are shown in 
Figure 3.21. The heat transfer augmentation ratio is defined as the ratio of hnb between 
finned and plain surfaces. All the maximum augmentation ratios are located in the low 
heat flux region around 3 W/cm2. For the plate fin, the maximum augmentation ratios are 
4.1 and 4.7 at 2 and 9 kPa pressures, respectively. For pin fin type the maximum 
augmentation ratios are 4.3 and 8.5 at 2 and 9 kPa pressures, respectively. In general, the 
augmentation ratio decreases monotonically with increasing heat flux, and is 
proportionally related to saturation pressure. At 2 kPa pressures, the pin finned surface 
slightly outperformed the rectangular fins all throughout the heat flux range. At 9 kPa 
pressures, the pin fin has an advantage against the rectangular fin in the low heat flux 
region, but surprisingly at heat flux of 12 W/cm2, the rectangular fin started to perform 
better than the pin fin. Finally, at the highest heat flux at 49 W/cm2 their augmentation 
ratios coincide. This indicates that plate fins are well suited for application in the medium 
heat fluxes (e.g. 15- 50 W/cm2).  
 




























rectangular fin (t=0.75mm, l=15mm, g=0.5 mm) 2 kPa
rectangular fin (t=0.75mm, l=15mm, g=0.5 mm) 9 kPa
pin fin (t=0.75mm, l=15mm, g=0.5 mm) 2kPa
pin fin (t=0.75mm, l=15mm, g=0.5 mm) 9kPa
 
Figure 3.21.  Enhancement ratios of the two best boiling surfaces tested. 
 
The critical heat flux of all the finned surfaces tested has been shown to be beyond (at 
least 2 times higher than) the predicted CHF from the hydrodynamic model of Zuber and 
Leinhard (1973b). It may seem that the critical heat flux is also augmented by using finned 
surfaces, but it is not the case as proven in the next sections.  
 
3.15 Method for analyzing boiling performance of fins 
 
The foregoing development of this chapter has demonstrated the conventional analysis of 
boiling heat transfer on enhanced surfaces, which disregards the solid surface in contact 
(wetted) with working fluid, but rather uses the nominal base surface area of the heater. 
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Although the conventional analysis may provide the overall thermal duty of a fin array 
configuration, it lacks critical information on fin-specific boiling performance and 
efficiency. To perform such an analysis, the total surface area in contact will be used in 
calculating heat transfer coefficients and heat fluxes. The proposed method is described 
below.  
 
 To determine the surface averaged heat transfer coefficient, h , and the fin efficiency, fη , 
from the experimental data, a one dimensional conduction model of the fin will be 
implemented. For a longitudinal rectangular fin, the fin efficiency fη  is given by 





=η                                                   
(3.8) 
where performance factor m is defined as
kA
Ph , for a longitudinal rectangular fin (with an 
assumption that the fin thickness is much smaller than the fin length) a performance factor 
independent of fin length 
kt
h2 , and for a square pin fin m is expressed as 
kt
h4 with the 
fin height H corrected to 4
tH + .  
Since the only unknown is surface average heat transfer coefficient, h , can be solved 
numerically with the equation below, 


















                                                 (3.9) 
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where qt is the heat flux based on the total surface area, ∆T is the boiling superheat 
corresponding to the total heat input, and the bracketed term is the overall surface 
efficiency. Af is the total fin surface area and At is the total surface area of the heat sink. 
With these known performance indicators h and fη , a whole new perspective of analysis 
of boiling heat transfer on extended surfaces can be uncovered.  
 
3.15.1 Effect of Fin Thickness Based on Total Surface Area in Contact 
 
The surface averaged boiling heat transfer coefficient, nbh , for surfaces with different fin 
thicknesses is presented in Figure 3.22. The difference in the magnitude of the heat fluxes 
and heat transfer coefficient is obvious with values in Figure 3.14 are one order higher. 
The general trend of nbh remains the same with hnb, which is the behavior that nbh  initial 
rises until it reaches a maximum value where it stays almost constant with increasing heat 
flux.  An interesting occurrence is the part where nbh  starts to flatten out seemingly 
uninfluenced by heat flux. This behavior is brought about by the fin space being filled up 
with thin vapor films. Initially at low heat fluxes not all the fin space contain bubbles as 
no active nucleation site is present, but as the heat flux is raised to a level where all the fin 
space contains active nucleation sites. This is the point at which there is no more 
improvement is and subsequently degradation of heat transfer occurs due to dry-out. The 
surface with t = 0.75 mm surface is still the optimal fin thickness with a maxh of about 
2,085.88 and 7,597.85 W/m2-K at 2 and 9 kPa pressures, respectively. Interestingly, the 
improvement of boiling heat transfer due to pressurization is actually much higher than 
those based on the projected heater surface.  




































) t = 0.5 mm, 2 kPa
t = 0.5 mm, 9 kPa
t = 0.75 mm, 2 kPa
t = 0.75 mm, 9 kPa
t = 1.0 mm, 9kPa
t = 1.0 mm, 9kPa
 
Figure 3.22. Surface averaged boiling heat transfer coefficients (based on the projected 
heater surface area) for finned surfaces having different fin thicknesses with constant fin 
space, (g) = 0.5 mm, fin height, (l) = 15 mm, at pressures of 2 kPa and 9 kPa.  
 
From Table 3.2, it is now apparent that an increase of the pressure from 2 to 9 kPa, 
corresponds to an increase in maxh  by a factor of about 3.5 for all t = 0.5, 0.75, and 1.0 
mm, instead of just 2 from the previous analysis.   
 


















2 kPa    9 kPa 
t = 0.50 mm 353 22,236 1,326.7 >4,812.3 15,352.7 >17,990.2 
t = 0.75 mm 282 18,176 2,085.9 7,597.9 10,054.6 20,745.8 
t = 1.0 mm 235 15,475 1,775.8 6,021.6 10,000.2 14,438.7 






















t = 0.5 mm, 2 kPa
t = 0.5 mm, 9 kPa
t = 0.75 mm, 2 kPa
t = 0.75 mm, 9 kPa
t = 1.0 mm, 9kPa
t = 1.0 mm, 9kPa
 
Figure 3.23. Fin efficiencies of finned surfaces having different fin thicknesses with 
constant fin space, (g) = 0.5 mm, fin height, (l) = 15 mm, at pressures of 2 kPa and 9 kPa.  
 
A graph of fin efficiency, ηf ,  versus heat flux is plotted in Figure 3.23. The fin efficiency 
initially declines sharply at low heat fluxes but gradually eases to an asymptotic value at 
medium to high heat fluxes. The stagnant nbh experienced by these narrow gapped fins 
causes their ηf to be steady at higher heat fluxes. The surface with the most efficient fins is 
that with t = 1.0 mm, with ηf of about 63% and 39% at 2 and 9 kPa pressures, respectively. 
This is because it has the thickest fin amongst those compared. Interestingly, the 
efficiencies of surfaces with both t = 0.5 and 0.75 mm coincide, despite the fins with t = 
0.75 mm having 50% more cross-sectional area than those with t = 0.5 mm. Although, 
those with t = 0.75 mm have less thermal resistance along its height for conduction heat 
- 78 - 
transfer compared to those with t = 0.5 mm, they have a much higher nbh , that in effect 
unexpectedly made their fin efficiencies comparable.  
 
Increasing the pressure from 2 to 9 kPa, the fins are observed to be about 25% less 
efficient. Basically this is caused by the inherently higher nbh  at higher pressures. In the 
light of this high dependency of fin efficiency on the operating pressure, there will be a 
difficulty in the design of these finned surfaces, on the reason that pressures in a two-
phase thermosyphon could swing rapidly from one pressure to another, especially on CPU 
cooling application wherein thermal loading could shift from 15 W/cm2 to 100 W/cm2 
instantaneously. It is therefore the prerogative of the thermal engineer, at which instance 
he/she would prefer the fins to operate most efficiently, it may be during CPU idle or at 
full load or a certain mean value.   
 
The heat transfer augmentation ratio of an enhanced surface is the ratio between nbh  and 
the plain surface nbh . The data for plain surface nbh is estimated using Cooper’s correlation 
(Cooper, 1984). Most of the literature surveyed report that the heat transfer augmentation 
ratio typically declines monotonically with increasing heat flux. However, as shown in 
Figure 3.24, the current work indicates the otherwise. The ratio begins with a sharp 
ascension at low heat fluxes, reaches a peak value, and then steadily declines. The decline 
could ultimately lead the ratio to fall below the previous low.  

























t = 0.5 mm, 2 kPa
t = 0.5 mm, 9 kPa
t = 0.75 mm, 2 kPa
t = 0.75 mm, 9 kPa
t = 1.0 mm, 2 kPa
t = 1.0 mm, 9 kPa
 
Figure 3.24. Boiling heat transfer augmentation ratio of finned surfaces having different 
fin thicknesses with constant fin space, (g) = 0.5 mm, fin height, (l) = 15 mm, at pressures 
of 2 kPa and 9 kPa.  
 
For narrowly gapped fins, the initial ascension in augmentation ratio is caused by early 
activation of the nucleation sites as liquid is superheated by enhanced convection through 
the narrow fin spaces. Moreover, the additional surface area provides an increased number 
of potential nucleation sites. A point of inflection in the augmentation ratio is then created 
following the climb. As the bubble hydrodynamic begin to be affected by the fin 
structures, the augmentation ratio plunges to a much lower level as the benefit provided by 
fins is overshadowed by the constriction it creates for bubble escape. The surface with t = 
0.75 mm provides the greatest enhancement about 2.3 at 2 kPa pressure, and the surfaces 
with t = 0.75 and 1.0 mm provide the greatest enhancement with ratios of 4.73 and 4.76, 
respectively at 9 kPa provide the next greatest enhancement.  However, the augmentation 
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offered by the surface with t = 1.0 mm is short-lived and a subsequent sharp decline 
follows. At 2 kPa pressure, ratios are seen to even decline even below 1 which implies that 
the boiling heat transfer mechanism involved is worse than that for plain surfaces. 
Nevertheless, the fact that augmentation ratios are above 1 for some instances, hints that 
there is an additional or enhanced heat transfer mechanism involved in the boiling process 
in narrowly gapped fins. Augmentation ratios shown in Figure 3.21 were never below 1, 
because a well designed finned surface will always have a better heat transfer coefficient 
as the extended surface area is discounted in the computation of the heat transfer 
coefficient.   
 
It is noticeable, that an increase of operating pressure corresponds to an increase in 
augmentation ratio. An increase from 2 to 9 kPa may be observed to have increased the 
ratios remarkably by 100%. It is therefore more beneficial for a two-phase thermosyphon 
to operate at higher pressures or higher ambient temperatures.  
 
 
3.15.2 Effect of Fin Space Based on Total Surface Area in Contact 
 
Figure 3.25 shows the nbh  of finned surfaces with g = 0.5, 1.0, and 2.0 mm for pressures 2 
and 9 kPa. The trend of nbh is similar to nbh in Fig. 4.9, that is nbh  of g = 0.5 rises sharply 
to a maximum value, and nbh of surfaces with g = 1.0 and 2.0 mm increases indefinitely 
with increasing heat flux. Although similar in trend, Fig. 4.9 lacks some critical insights 
such as the extent of difference in boiling performances. For example in Figure 3.17 g = 
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0.5 and 1.0 mm have almost the same boiling performance with nbh  of 5.0 W/cm
2-K. But 
in Figure 3.25 it shows otherwise with g = 1.0 outperforming the g = 0.5 mm by a 






































) g = 0.5 mm, 2kPa
g = 0.5mm, 9kPa
g = 1.0 mm, 2kPa
g = 1.0mm, 9kPa
g = 2.0 mm, 2kPa
g = 2.0 mm, 9kPa
Figure 3.25. Heat transfer coefficients (based on the total surface area) for finned surfaces 
having different fin spacing with constant fin thickness, (t) = 1.0 mm, fin height, (l) = 15 
mm, at pressures of 2 kPa and 9 kPa. Dashed lines is the best fitted lines for data points of 
g = 0.5 mm.  
 
The fin efficiencies, ηf, of larger gapped fins g = 1.0 and g = 2.0 mm are exhibiting a 
contrasting trend compared to that of narrow gapped g = 0.5 mm, as shown in Figure 3.26.   
Unlike the latter (which has a constant fin efficiency at higher heat fluxes), larger gapped 
fins have shown to have a continuously decreasing ηf a sharper decline at low heat fluxes 
and later gradually descends asymptotically at higher heat fluxes. This decline provided 
very low ηf values for both large gapped surfaces of about 40% and 30% for 2 kPa and 9 
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kPa, respectively. This is due to the special feature of large gapped fins (e.g. g = 1.0 and 
2.0 mm), which have the ability to continuously improve with increasing heat flux, as 
shown in Figure 3.25. This behavior as said earlier is similar to that for plain surfaces. It 
should be noted that fin efficiency is a useful concept but does not explicitly mean that it 
is an absolute measure of performance; rather it is an important information to designers 
to access the trade-offs between heat transfer and geometry (e.g. a tall fin with low 
efficiency can be trimmed down in height with negligible decrease on its overall heat 





















g = 0.5 mm, 2kPa
g = 0.5 mm, 9kPa
g = 1.0 mm, 2kPa
g = 1.0 mm, 9kPa
g = 2.0 mm, 2kPa
g = 2.0 mm, 9kPa
 
Figure 3.26. Fin efficiencies of finned surfaces having different fin spacing with constant 
fin thickness, (t) = 1.0 mm, fin height, (l) = 15 mm, at pressures of 2 kPa and 9 kPa.  
The augmentation ratios of finned surfaces with various fin spacing are presented in 
Figure 3.27.  Again, ratios of larger gapped fins g = 1.0 and 2.0 mm behaved in a different 
manner compared to narrow gapped fins g = 0.5 mm. Interestingly, instead of a declining 
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trend, the former have their augmentation ratios increasing with higher heat fluxes. 
Although, the larger gapped fins may have shown to be slightly underperforming against 
the plain surface, as their ratios are below 1 at low heat fluxes. Their performance started 
to improve gradually and even outpacing that of the plain surface at higher heat fluxes. 
The highest augmentation ratio within the heat flux range is delivered by the g = 0.5 

























g = 0.5 mm, 2 kPa
g = 0.5 mm, 9 kPa
g = 1.0 mm, 2 kPa
g = 1.0 mm, 9 kPa
g = 2.0 mm, 2 kPa
g = 2.0 mm, 9 kPa
 
Figure 3.27. Boiling heat transfer augmentation ratio of finned surfaces having different 
fin spaces with constant fin thickness, (t) = 1.0 mm, fin height, (l) = 15 mm, at pressures 
of 2 kPa and 9 kPa.  
 
Apparently, the larger augmentation ratios are achieved for narrow fin spaced surfaces. In 
other words, augmentation ratios are inversely proportional to fin space. As described by 
Fujita et al. (1988) and Geisler (2007), there is a confinement effect on boiling heat 
transfer that is heat transfer coefficients increases up to a certain maximum value with 
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decreasing fin space, while degradation occurs for a further decrease in the fin gap or 
when heat fluxes are high. Pressure affects the augmentation ratios of large gapped fins to 
increase by about 50% from 2 to 9 kPa, an inferior improvement compared to about 100% 
for narrowly gapped fins.  
 
3.15.3 Effect of Fin Height Based on Total Surface Area in Contact 
 
The large difference in their extended surface area has made nbh  of the high-finned l = 
15.0 mm surface located at much lower heat fluxes compared to the low-finned l = 0.75 
mm surface, as shown in Figure 3.28. Extrapolating the trend of the nbh of l = 15 mm to 
higher heat fluxes indicates that nbh  could actually coincide with nbh of the low-finned 
surface. This means that nbh is independent of fin height within this range of fin height 
tested. Conversely, it is expected that for fins with much greater heights, the length 
traversed by the vapor bubble might result in significant drag that affects the nbh . For 
example, when l = 15 mm at 2 kPa pressure, and nbh  remains constant in the higher range 
of heat flux, which is due to the height of the fins and together with the high velocity flow 
of vapor bubbles leading to significant drag to bubble escape. However, for boiling heat 
transfer it is highly improbable that such high fins will be actually used because of the 
high nbh  and very low fin efficiencies. The additional height would then be rendered 
useless, and such designs would be uneconomical.  




































) l = 0.75 mm, 2 kPal = 0.75 mm, 9 kPa
l = 15 mm, 2 kPa
l = 15 mm, 9 kPa
 
Figure 3.28. Heat transfer coefficients (based on the total surface area) for finned surfaces 
having different fin heights with constant fin thickness, (t) = 1.0 mm, fin space, (g) = 0.5 
mm, at pressures of 2 kPa and 9 kPa. Dotted lines represent the extension of nbh for l = 
15mm at higher heat fluxes.  
 
As shown in Figure 3.29, the fin efficiency, ηf, of the low-finned surface is very high at 
about 97.5%, with no significant difference when pressure is increase from 2 and 9 kPa, 
indicating independency of ηf from pressure. However, for the high-finned surface, as 
expected the ηf values are very low, ranging from 30% - 60%, with strong influence from 
pressure induced nbh enhancement. The sharp decline in ηf is attributed to the steep 
increase in nbh  with increasing heat flux. Obviously, fin height optimization is important 
to ensure that boiling finned surfaces are not under/over designed.  





















l = 0.75 mm, 2 kPa
l = 0.75 mm, 9 kPa
l = 15.0 mm, 2 kPa
l = 15.0 mm, 9 kPa
 
Figure 3.29. Fin efficiencies of finned surface having different fin heights with constant 
fin thickness, (t) = 1.0 mm, fin space, (g) = 0.5 mm, at pressures of 2 kPa and 9 kPa.  
 
The boiling heat transfer augmentation ratio of the low-finned surface shows contrasts 
between 2 and 9 kPa pressures trends, in Figure 3.30. As heat flux is increased, in the low 
heat flux region, at 2 kPa the ratio is rises from its lowest value of 1, and at 9 kPa the ratio 
declines sharply from its highest ratio of 3.84 to some asymptotic value.  The initial 
enhancement provided by the low-finned surface at 9 kPa pressure is basically due to the 
increase in nucleation sites that allow early dominance of latent heat transfer against 
natural convection. The following deterioration is caused by crowding of numerous 
bubbles adjacent to the surface, effectively blocking liquid from returning gradually as 
heat flux is increased. For the 2 kPa case, the highest ratio reached is only 1.4, which 
indicates that there is minimal improvement in the heat transfer mechanism as the area 
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provided is not sufficient for more nucleation sites to develop at this very low pressure.  In 
the high heat flux region, the ratios from 2 and 9 kPa pressures converges as they 
approach the value of 1. Because the fins are short they are basically experiencing similar 
boiling phenomena as with a plain surface, as it virtually does not interfere the bubble 
hydrodynamics (unlike taller fins which can compress the vapor to from sphere to film 
shaped bubble). The boiling heat transfer augmentation ratio of the high finned surface 

























l = 0.75 mm, 2 kPa
l = 0.75 mm, 9 kPa
l = 15.0 mm, 2 kPa
l = 15.0 mm, 9 kPa
 
Figure 3.30. Boiling heat transfer augmentation ratio of surface having different fin 
heights with constant fin thickness, (t) = 1.0 mm, fin space, (g) = 0.5 mm, at pressures of 2 
kPa and 9 kPa.  
 
Using this proposed method on analyzing the boiling data has shed light on some critical 
information on boiling from finned surface which could have been missed using 
conventional methods. Such information includes the heat transfer coefficient normalized 
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to the total surface area, fin efficiencies, and heat transfer augmentation. Furthermore, the 
data presented could also be used directly by engineers to design boiling surfaces and also 
provide important guidelines to avoid inefficient designs. The plate finned surface which 
provides the best boiling heat transfer mechanism at 2 kPa is g = 1.0 mm, l = 15.0 mm, t = 
1.0 mm with 4,525 W/m2-K. The pin finned surface with g = 0.5 mm, l = 15.0 mm, t = 1.0 
mm results in the higher heat transfer rates among all the boiling surfaces tested at 9 kPa 
providing 10,874 W/m2-K of heat transfer coefficient.  
3.16 Confined boiling heat transfer correlation 
 
It is evident from the previous analysis that there is a degree of heat transfer enhancement 
observed from pool boiling on narrowly gapped fins. This is not surprising as numerous 
researchers have also encountered such a phenomenon. Schweitzer et al. (1983) and Fujita 
et al. (1988) both studied natural convection boiling of saturated water at atmospheric 
pressure in asymmetrically heated rectangular parallel plate channels. Their results 
showed that at channel spacing of 4 mm, the normalized boiling superheat (confined 
superheat over unconfined superheat) starts to decrease with the reduction of channel 
space. The normalized superheat continues to decline exponentially to values 0.22 to 0.42 
at 0.6 mm spaced channel, which implies a 2.5 to 4.5 times increase in the rate of heat 
transfer as compared to unconfined surfaces. For a very narrow channel spacing of 0.15 
mm, the heater surface was enveloped by compressed bubble slugs and the heat transfer 
coefficient was even worse than that of unconfined surfaces, especially at high heat fluxes.  
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The reason behind this high levels of heat transfer enhancement is hypothesized to be the 
improved thin film evaporation occurring between the compressed bubble and heated 
surface. The liquid film thickness between the solid heater and the vapor bubble plays an 
important role in the intensification of the rate of evaporation, as the heat transfer through 
the film thickness contributes the most significant thermal resistance in the process 
(thermal conductivity of liquid typically 3 orders of magnitude lower than that of solid).  
The film thickness is influenced by the bubble departure diameter and the channel 
spacing. Typically these two parameters can be represented by Bond number. Numerous 
researchers, especially those studying phase change heat transfer in microsystems, have 
employed Bond number to relate channel spacing to bubble departure diameter (Monde et 
al., 1982) (Xia et al, 2996) (Yao and Chang, 1983) (Bonjour and Lallemand, 1998) (Kew 
and Cornwell, 1997). Bond number is typically presented in the form below. 
 





                                                 (3.10) 
 
A correlation for confined boiling is proposed as shown in E.q. (3.11). The bracketed term 
is the enhancement factor for confined boiling, which augments the value of pool boiling 
heat transfer coefficient as predicted by Cooper’s boiling correlation (Cooper, 1984).   
This enhancement factor approaches zero for high values of Bond number (unconfined, 
isolated heater). Clearly, for largely spaced channels the proposed correlation returns to 
the original form of the highly-cited Cooper’s correlation (Cooper, 1984).  
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qBohh                          (3.11) 
 
 




The coefficients Oq , -0.463 and 0.3 were found to be the best fit from a multi-variable 
regression analysis. That leads to a minimum percentage deviation of 20% (Mean absolute 
error of 18%) from the experimental results. Figure 3.31 shows that the proposed 
correlation predicts the boiling data for 9 kPa reasonably well, while decent agreement 
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Figure 3.31. Predicted confined boiling heat transfer coefficients from the proposed 
correlation.   
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Figure 3.32. Boiling heat transfer coefficient of water for asymmetically heated vertical 
surface (width = 30mm, length = 120 mm, all sides open) from Fujita et al. (1988).  
 
 
To exemplify the accuracy of the proposed correlation, the latest confined boiling data for 
water (Fujita et al., 1988) was plotted with the heat transfer coefficients as predicted by 
the proposed correlation under similar operating conditions (atmospheric pressure) and 
channel dimensions. Although, the correlation was not fitted from the boiling data of 
Fujita et al (1988), the correlation provides a strikingly accurate prediction by having only 
a mean absolute error (MAE) of 7.5% before the stagnation of the heat transfer coefficient 
occurs. Clearly, the proposed correlation can be extrapolated to predict boiling results 
beyond the range of pressures from which it was initially fitted. On the other hand, the 
correlation of Fujita (1988) significantly under predicts the heat transfer coefficient by a 
MAE of 20.6%, which is unremarkable. Although not shown here, the proposed 
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correlation predicted the heat transfer coefficients for other channel spaces (e.g. 2 and 5 
mm) (Fujita et al., 1988) as well, and have shown to have a MAE not exceeding 16.5%. 
 
 
Geisler (2007) conducted an extensive experimental investigation of confined boiling heat 
transfer of FC 72 on asymmetrically and symmetrically heated channel. FC 72 as a 
working fluid was chosen for its dielectric property that is suitable for immersion cooling 
applications. To verify whether the proposed correlation is valid for a different working 
fluid, the confined boiling heat transfer coefficients from Geisler (2007) is plotted with the 
predicted values from the proposed correlation. For a channel spacing of 0.5 mm, the 
predicted values shows good agreement with Geisler’s data, with a MAE of only 5.6% 
before the heat transfer coefficient stagnation. On the other hand, the data for the 1 mm 
channel space is under-predicted, with a 23% MAE. The overall MAE of the proposed 
correlation is 16.5% in predicting the heat transfer coefficient data of Geisler (2007). 
Moreover the Fujita’s correlation (Fujita et al, 1988) clearly shown to be inapplicable for a 
different working fluid, as the MAE shown are as high as 207% and 381% for channel 
spaces of 1 mm and 0.5 mm, respectively.  
 




Figure 3.33. Boiling heat transfer coefficient of FC 72 for asymmetically heated vertical 
surface (width = 20mm, length = 20 mm, all sides open) from Geisler (2007).  
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While the heat transfer is enhanced by compressing the bubbles in a narrow space, the 
critical heat flux (CHF) deteriorates. Monde et al. (1982) conducted an extensive study of 
natural convection boiling in asymmetrically heated vertical parallel plate channels. CHF 
data was gathered for several working fluids such as water, ethanol, R113, and benzene in 
10 mm deep rectangular channels formed by a copper heater confined by an opposing 
glass plate. Channel spacing in the range of 0.45-7.0 mm and lengths of 20, 35, and 50 
mm were investigated. Confined boiling data showed that CHF remained unchanged and 
constant for aspect ratios less than 10. As the aspect ratio is raised above 10, CHF begins 
to decline in an exponential manner. Therefore it should be noted that, although narrow 
spaces offers excellent heat transfer enhancement a limiting factor such as CHF must be 
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Chapter 4 : High Speed Visualization of Pool 
Boiling at Near Vacuum Pressures 
 
 
The boiling curve provides quantitative information on as to what boiling regime is 
occurring on a plain or enhanced surface. The boiling performance of the surfaces is then 
assessed and values of the surface’s thermal duty per unit area and temperature or heat 
transfer coefficient are determined. The salient changes in the slope and location of the 
boiling curve could be signifying either deterioration or an enhancement for a variation of 
the thermo-physical characteristics of the surface (e.g. conductivity, roughness). Logical 
explanations could be made to justify such enhancement or deterioration through findings 
from existing literatures. However, given the difficult task of conducting such a well-
controlled experiment, none so far has succeeded in producing reasonable data and visual 
observations in this range of near vacuum pressures of 2-9 kPa. With this dearth in the 
boiling literature one of the main objectives of Chapter 4 is to clarify boiling curve 
behaviors as presented in Chapter 3. Furthermore, this provided the author with an 
excellent opportunity to be a pioneer in this area of research.   
 
The subsequent monochrome pictures in the present work are taken with a high speed 
camera at a frame rate of 500 frames per second, sufficient to capture bubble motion (with 
bubble departure frequency typically around 10-20 bubbles per second). The resolution of 
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the pictures is 512 by 240 pixels. An approximate length scale is indicated in the lower 
right corner of every picture in millimeter, and a time counter starting from 0 ms (preset to 
the first picture) at the lower left corner.  
 
4.1 Pool Boiling of Water on a Plain Surface at Low Pressures 
 
A sequence of monochrome picture depicts the nucleation, growth, and departure of a 
single bubble from a circular copper surface at heat flux of 10 W/cm2 and pressure of 2 
kPa, as shown in Figure 4.1. The sequence starts with a bubble growing from one active 
nucleation site. From this site, a bubble starts to grow rapidly engulfing the entire heated 
surface within a span 50 ms from 0-50 ms. The lateral growth of large bubble 
simultaneously clears away and removes significant amount of superheated liquid on the 
thermal boundary layer on the heater surface. As the bubble reaches its departure 
diameter, with sufficient buoyant force to overcome the surface tension that is holding it 
onto the surface, it starts to lift-off, detaching itself from the surface at 60 ms. Upon its 
release, liquid from the surrounding rushes to the space vacated. Analogous to a spherical 
ball moving through air, wake vortices are created below the bubble as it ascends to the 
vapor space. These vortices cause the spherical shaped bubble to have multiple 
dimples/dents behind, shown in 60 and 70 ms time frames. There is also evidence that 
several nucleation sites are instantaneously activated below the departing bubble. These 
much smaller bubbles need not grow to the usual departure diameters to be detached from 
the surface, but instead, with the liquid turbulence and close proximity of the large 
bubbles, the small bubbles are swept away and fed into the large bubbles. 







Figure 4.1. Water boiling from a plain copper surface with heat flux of 10W/cm2 at 2 kPa 
pressure.  
 
Increasing the heat flux to 20 W/cm2 increases the number of active nucleation site to 
about three, as shown in Figure 4.2. These small bubbles would grow until it comes in 
contact with the nearby bubble as they coalesce to form a larger bubble, shown in 0-10 
ms. Having a greater buoyant force they depart the surface. Immediately upon its 
ascension, new bubbles are already formed on the vacated surface, shown in the pictures 
for 60-70 ms.  
 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
bubble 






Figure 4.2. Water boiling from a plain copper surface with heat flux of 20W/cm2 at 2 kPa 
pressure.  
 
At heat flux of 30 W/cm2, the bubble grows at a much faster pace, as show in Figure 4.3. 
Figure 4.1 shows the bubble requiring almost 70 ms before it departs. Figure 4.3 shows 
that at higher heat fluxes, the period of bubble growth until departure is much shorter 
compared to that at lower heat fluxes around 40 ms, as shown in the pictures for 0 – 40 
ms. If the approximate bubble growth is 40 ms it can be deduced that the bubble departure 
frequency could be around 25 bubbles per second. It can also be noticed, that upon its 
departure bubbles below have already grown large enough to be in contact with the 
leading bubble such that it further receives vapor from these feeder bubbles, as shown in 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 30 ms                          1 mm Time =40 ms                          1 mm 
Time = 50 ms                          1 mm Time = 60 ms                          1 mm 
Time = 70 ms                          1 mm Time = 80 ms                          1 mm 
bubbles 
bubbles 
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the pictures for 40-50 ms.  The vacated surface is then refilled by nearby liquid, before 
bubbles starts to grow again within few milliseconds of waiting time, as shown in the 







Figure 4.3. Water boiling from a plain copper surface with heat flux of 30W/cm2 at 2 kPa 
pressure.  
 
When heat fluxes are near the critical/peak heat flux, as shown in Figure 4.4, vapor has 
already crowded the whole heater area and starts forming vapor column/jet. With limited 
area exposed for the liquid to quench the hot surface, localized dry-out on certain surface 
sections occurs. At this point, the boiling curve starts to decline in slope until critical heat 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
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flux is reached wherein the surface temperature would rise indefinitely and 
instantaneously.  If heat flux is not reduced this could cause the surface to be burnt out. It 







Figure 4.4. Water boiling from a plain copper surface at near critical heat flux (CHF) and 
2 kPa pressure.  
 
At a higher pressure of 9 kPa, bubble sizes are much smaller compared to those at 2 kPa. 
As shown in Fig.  4.5, a small bubble grows and departs within 50 ms, which is 
considerably shorter than the typical time of 70 ms required, as shown in Fig. 4.1. The 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
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bubble departure diameter is estimated to be around 15 mm, which is more than 50% 
smaller compared to that for 2 kPa. Immediately after 10ms from the bubble departure a 
bubble has already emerged from the same nucleation site, shown in 50-60 ms. This 






Figure 4.5. Water boiling from a plain copper surface at heat flux of 10 W/cm2 and 9 kPa 
pressure.  
 
The shape of the bubble is observed to be non-spherical. It is seen that from 30-50 ms, the 
lower half of the bubble is still attached to the surface in a cone-like shape, with the cone 
vertex attached onto the nucleation site. The buoyant force lifts the bubble but 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
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encountering less fluid friction due to lower liquid viscosity (at 9 kPa), bubble accelerates 
at a much higher rate, and with lower surface tension (at 9 kPa) enabling the vapor bubble 
to be easily stretched or deformed. These two factors both contribute to the deformation of 






Figure 4.6. Water boiling from a plain copper surface at heat flux of 30 W/cm2 and 9 kPa 
pressure.  
 
Increasing the heat flux to 30 W/cm2, as shown in Figure 4.6, is observed to cause a more 
violent ebullition process. Numerous nucleation sites have been activated and with small 
bubbles crowding, which have yet to reach its departure diameter, allowed them to stay on 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
Wetted 
surface 
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the surface growing simultaneously and coalescing to form a larger bubble sufficient to 
overcome surface tension. It is visible from frames 0 – 30 ms that some portion of the 
heater surface area is still wetted by liquid. This is one of the reasons why crtical heat flux 






Figure 4.7. Water boiling from a plain copper surface at critical heat flux (CHF) and 9 kPa 
pressure.  
 
Similar to 2 kPa, as the bubbles floods the entire boiling surface critical heat flux occurs, 
as shown in Figure 4.7. Plumes of vapor is observed to coming out from the hot surface, 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
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the liquid-vapor counter flow impedes the liquid flow into the nucleation sites. Whenever 
liquid wets the hot surface it is immediately evaporated without significant waiting time.  
4.2 Pool Boiling of Water on an Array of Plate Fin at Low Pressures 
 
Pool boiling of water on a rectangular plate finned surface (with fin height of 15 mm, fin 
thickness of 1 mm, and fin space of 0.5 mm) is observed under a high speed camera. The 
frame images displays only about 6-7 fins to emphasize on the bubble formation in the fin 
spaces. The camera view was focused on the upper portion of the fin to visualize the 
bubble escape at the fin tip. The dark column bars are the fins, and the light gray in 
between them is the fin space filled with saturated water (liquid).  The thin dark object 
moving in the fin space is a thin water vapor film (compressed bubble).  
 
Despite having numerous fins on the boiling surface only one active nucleation site was 
present at this low heat flux of 5 W/cm2, as shown in Figure 4.8. Nucleation starts at the 
fin root between two adjacent fins. As the bubble grows, it is expected to have large 
bubble departure diameter (e.g. 30-40 mm, 60-80 times the size of fin spacing), but given 
the narrow inter-fin spacing it is forced to take the shape of fin spacing thus forming a thin 
vertical vapor film/plug. This vapor film grows as it absorbs heat near the fin wall and 
base, shown in time frames 0, 10, and 20 ms. The vapor film is initially oscillating in size; 
this is caused by the strong natural convection in this low heat flux region that condenses 
the vapor film leading to shrinkage in size. After it gathers sufficient superheated liquid to 
surround its liquid-vapor interface, protecting itself from being cooled by liquid 
convection, the bubble size would grow large enough to reach the fin tip, as shown in 0 – 
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30 ms. Upon reaching the fin tip the unobstructed bubble resumes its spherical shape. At 
this stage the bubble has two sections, the upper portion is spherical, and the lower portion 
inside the fin space is thin disk shaped. The spherical section expands rapidly into a larger 
bubble, creating a low pressure region within it. This results in compressed vapor from the 







Figure 4.8. Water boiling on finned surface (fin height=15 mm, fin spacing=0.5mm, and 
fin thickness=1.0mm) with heat flux of 5 W/cm2 at 2 kPa pressure.  
 
Time = 0 ms                           1 mm Time = 10 ms                           1 mm 
Time = 20 ms                           1 mm Time = 30 ms                           1 mm 
Time = 40 ms                           1 mm Time = 50 ms                           1 mm 
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Simultaneously with greater buoyant force acting on the spherical portion of the bubble, 
the rest of the vapor film is pulled out from the fin space. As shown in the pictures for 40-
50 ms, the dark thin vapor film inside the fin space in 40ms disappears at 50 ms. Finally, 
surrounding liquid fills up the fin space and the cycle is repeated all over again. A 
graphical depiction is also provided to complement the series of monochrome pictures, 
shown in Figure 4.9.   
 
     
 
Figure 4.9. Graphical depiction of bubble growth and departure sequences in the narrow 
fin spacing at low heat flux. 
 
From this low flux footage alone, the heat transfer enhancement offered by finned surfaces 
compared to plain surface shown in the experimental results can be deduced. As the vapor 
bubble grows in the narrow fin space, a thin liquid film stays in contact with the solid fin 
wall due to surface tension, this film that separates the vapor from the solid surface 
facilitates the evaporation process. The thickness of this film is in the range of tens of 
microns, such that the thermal resistance for heat conduction from the fin wall/base to the 
liquid-vapor interface is greatly reduced. Moreover, the departure of the bubble pumps 
liquid into the narrow fin space (comparable to flow into a rectangular micro-channel); 
this process significantly improves the turbulent single-phase convection. These two 
mechanisms both contribute to the overall augmentation of heat transfer coefficient for 
finned surfaces.  
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Figure 4.10 shows boiling at heat flux of 10 W/cm2 twice that of Fig. 4.8. Interestingly, a 
new nucleation site was found next to the fin spacing where nucleation was initially 
occurring. The boiling process involved is generally similar to that of 5 W/cm2.  Only that 
there are two bubbles escaping from the inter-fin spacing, and because of the close 
proximity of these to departing bubbles, the first bubble to detach could either exert a pull 
to the next bubble due to its low pressure creates behind the leading bubble or it would 
coalesce with the second bubble depending on their proximity, as shown in time frames 






Figure 4.10. Water boiling on finned surface (fin height=15 mm, fin spacing=0.5mm, and 
fin thickness=1.0mm) with heat flux of 10W/cm2 at 2 kPa pressure.   
Time = 0 ms                           1 mm Time = 10 ms                           1 mm 
Time = 20 ms                           1 mm Time = 30 ms                           1 mm 
Time = 40 ms                           1 mm Time = 50 ms                           1 mm 
Time = 60 ms                           1 mm Time = 70 ms                           1 mm 
Vapor-filled 
    fin space 
Liquid-filled 
    fin space 
bubble 
bubble 







Figure 4.11. Water boiling on finned surface (fin height=15 mm, fin spacing=0.5mm, and 
fin thickness=1.0mm) with heat flux of 15 W/cm2 at 2 kPa pressure.   
 
With the heat flux of 15 W/cm2 a new nucleation site is activated to the left of the two 
existing sites, the number of active nucleation site is increased to three, as shown in Figure 
4.11. Again, the boiling phenomenon is similar to the previous low flux. In frame 0 ms, 
the new site has just released a bubble and surprisingly not all the vapor film is dragged 
out of the fin space, as shown in 10 ms. There is a remnant vapor film left in the fin space. 
This remnant vapor would shrink as colder liquid refills the fin gap, then the two adjacent 
fins would conduct heat from the heater base to sufficiently grow this remnant vapor again 
Time = 0 ms                           1 mm Time = 10 ms                           1 mm 
Time = 20 ms                           1 mm Time = 30 ms                           1 mm 
Time = 34 ms                           1 mm Time = 40 ms                           1 mm 
Time = 50 ms                           1 mm Time = 60 ms                           1 mm 
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as observed in 34 – 40 ms. Concurrently, the two pockets of vapor fill the fin spaces on 
the right, releasing a bubble at the same time at 10 ms. With the close proximity of their 
locations the bubbles merge, as shown in the pictures for 20-30 ms. Both pockets of vapor 
are extrated out of the fin space in 30-34 ms. After about 20 ms, the vapor film starts to 







Figure 4.12. Water boiling on finned surface (fin height=15 mm, fin spacing=0.5mm, and 
fin thickness=1.0mm) with heat flux of 20W/cm2 at 2 kPa pressure.  
 
At heat flux of 20 W/cm2, nucleation occurred in all the inter-fin spacing, shown in Figure 
4.12. All the vapor films grow simultaneously, and upon reaching the fin tip, spherical 
Time = 0 ms                           1 mm Time = 20 ms                           1 mm 
Time = 30 ms                           1 mm Time = 40 ms                           1 mm 
Time = 50 ms                           1 mm Time = 60 ms                           1 mm 
Time = 80 ms                           1 mm Time = 84 ms                           1 mm 
- 110 - 
bubbles are formed in near proximity to each other, allowing bubble coalescence, as 
shown in the pictures 40-50 ms. With greater buoyancy, the newly merged bubble 
increases its rate of ascension, enabling the spherical portion of the bubble to be detached 
or snapped from its film portion, leaving a remnant vapor film. As this boiling cycle cools 
down the fins, the vapor film left inside the fin spacing condenses and shrinks as the liquid 
starts to fill up the fin spacing, shown in frames 80 and 84 ms. Again, a graphical 
depiction in Figure 4.13 is presented to elucidate the process Figure 4.12.  
 
     
 
Figure 4.13. Graphical depiction of growth, coalescence, and departure sequences of 
adjacent bubbles at high heat flux. 
 
Figure 4.14 shows boiling at heat flux of 50 W/cm2, which is well above the critical heat 
flux of the plain surface at 2 kPa which is 34.5 W/cm2. Bubbles continuously escape from 
the fin tip, and the vapor film inside the fin spacing maintains its size, unlike the case for 
20 W/cm2 wherein the vapor film will shrink in size, this is because the heat input is large 
enough such that the fins are maintained hot enough to avoid condensation. This boiling 
regime is analogous to annular flow in pipes that is a vapor core constantly occupies the 
fin space, and the only path for liquid reflow is through the sides of the fin wall. This 
stagnant vapor film impedes the liquid reflow into the nucleation site, which causes the 
boiling performance to significantly deteriorate at higher heat flux, leading to a decline in 
the slope of the boiling curve as discussed in the earlier sections.  The reason why critical 
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heat flux is augmented to higher values is because the process of bubble coalescing is 







Figure 4.14. Water boiling on finned surface (fin height=15 mm, fin spacing=0.5mm, and 
fin thickness=1.0mm) with heat flux of 50W/cm2 at 2 kPa pressure.   
 
4.3 Pool Boiling of Water on Pin Fins at Low Pressures 
 
The pin finned surface has shown remarkable boiling heat transfer enhancement compared 
to its plate fin counterpart with similar dimensions.  It was hypothesized to be due to the 
additional inter-fin space it provides for the continuous bubble escape and liquid 
replenishment.  
Time = 0 ms                           1 mm Time = 2 ms                            1 mm 
Time = 8 ms                            1 mm Time = 22 ms                           1 mm 
Time = 30 ms                           1 mm Time = 40 ms                           1 mm 
Vapor-filled 
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Similar to the previous pictures, the light grey column is the liquid filled fin space, the 
darker grey bars are the pin fins, and the opaque (black) object oscillating in between pin 
fins is the vapor bubble. A closer look into the dark grey bars, there are numerous 
horizontal grey lines across the column (e.g. like a ladder), these are the edges of the pin 
fin tip. The picture shows about 6 pin fins and 6 fin spaces.  
 
At low heat flux of 5 W/cm2, the vapor film was able to creep into several fin spaces away 
from the nucleation site, as shown in Figure 4.15. For the case of pin fin it is difficult to 
estimate the number of active nucleation site because the vapor bubble can squeeze though 
the interconnected fin spaces of the pin fin array. From 0 ms, the vapor film grows rapidly 
from occupying about 3 fin spaces to more than 5 fin spaces at 10 ms. The vapor film is 
observed to be growing at the same rate, implying that it is actually just one single bubble, 
and not multiple vapor films as observed in the boiling on plate fins. As the spherical 
bubble is formed at the fin tip, it drags out the vapor film from the fin spaces, observed as 
the reduction of the vapor film size. As shown in 20-34 ms, wherein the dark vapor film 
vacates the outermost fin spaces until finally the middle fin space is vacated at 36 ms.  The 
bubble flows with less constraint in the pin fin, as the time from bubble growth to bubble 
departure is just 36 ms, unlike for the plate fin that it took longer at 50 ms.  
 
 






Figure 4.15. Water boiling on pin finned surface (fin height=15 mm, fin spacing=0.5mm, 
and fin thickness=1.0mm) with heat flux of 5W/cm2 at 2 kPa pressure.   
 
Increasing the heat flux to 10 W/cm2 the bubble transport process remains the same, as 
shown in Figure 4.16. Again the bubble growth to departure period is about 40 ms. At 50 
ms it can be seen that the fin spaces are fully filled with liquid, and immediately after 10 
ms it is already occupied by the growing vapor film. This indicates that the waiting time is 
greatly reduced. At 70 ms the vapor film has already reached the fin tip and spherical 
bubble already started growing at the leftmost fin. For pin fins the spherical bubble can 
exit at various locations.  
Time = 0 ms                           1 mm Time = 10 ms                           1 mm 
Time = 20 ms                           1 mm Time = 30 ms                           1 mm 
Time = 32 ms                           1 mm Time = 34 ms                           1 mm 











Figure 4.16. Water boiling on pin finned surface (fin height=15 mm, fin spacing=0.5mm, 
and fin thickness=1.0mm) with heat flux of 10 W/cm2 at 2 kPa pressure.   
 
As shown in Figure 4.17, boiling regimes at 15 W/cm2 is similar to the lower heat fluxes. 
There is only one significant difference, which is the circumstance when the spherical 
bubble departs vapor films remains on the fin spaces on some occasion, like that in 50 ms.  
The remaining vapor film grows again to eject another spherical bubble at 60 ms.  The 
increase in the frequency of bubble departure is one of the main contributing factors to the 
overall enhancement of boiling heat transfer.  
 
Time = 0 ms                           1 mm Time = 10 ms                           1 mm 
Time = 20 ms                           1 mm Time = 30 ms                           1 mm 
Time = 40 ms                           1 mm Time = 50 ms                           1 mm 










Figure 4.17. Water boiling on pin finned surface (fin height=15 mm, fin spacing=0.5mm, 
and fin thickness=1.0mm) with heat flux of 15 W/cm2 at 2 kPa pressure.   
 
The size of the departing spherical bubble at the fin tip is much larger at 20 W/cm2, as 
shown in Figure 4.18. This is caused by the simultaneous formation of several spherical 





Time = 0 ms                           1 mm Time = 10 ms                           1 mm 
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Time = 40 ms                           1 mm Time = 50 ms                           1 mm 
Time = 60 ms                           1 mm Time = 70 ms                           1 mm 






Figure 4.18. Water boiling on pin finned surface (fin height=15 mm, fin spacing=0.5mm, 
and fin thickness=1.0mm) with heat flux of 20 W/cm2 at 2 kPa pressure.   
 
At high heat flux of 50 W/cm2, vapor films are observed to continuously occupy the fin 
space, as shown in Figure 4.19. But unlike that of plate fins, the vapor films in the pin fins 
still decreases in size after the departure of the spherical bubble about 50 percent of the 
time, as shown in 0 ms. On some occasions the vapor film remains fully grown after 
bubble departure, as shown in 60 and 70 ms. This footage verifies that the delay in the 
deterioration of the pin fin’s boiling performance to higher heat fluxes, is mainly due to its 
Time = 0 ms                           1 mm Time = 10 ms                           1 mm 
Time = 20 ms                           1 mm Time = 30 ms                           1 mm 
Time = 40 ms                           1 mm Time = 50 ms                           1 mm 
Time = 60 ms                           1 mm Time = 70 ms                           1 mm 
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ample fin space that enables the vapor to be released more frequently and still permits 







Figure 4.19. Water boiling on pin finned surface (fin height=15 mm, fin spacing=0.5mm, 






Time = 0 ms                           1 mm Time = 10 ms                           1 mm 
Time = 20 ms                           1 mm Time = 30 ms                           1 mm 
Time = 40 ms                           1 mm Time = 50 ms                           1 mm 
Time = 60 ms                           1 mm Time = 70 ms                           1 mm 
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Chapter 5 : Fundamental Experiment of Pool 
Boiling on Porous Surfaces 
 
 
In enhanced boiling, surfaces with porous layers are employed basically to increase the 
number of nucleation sites and the effective thermal conductivity of the liquid bulk. The 
interconnected pores of a porous media serve as a liquid passage to the nucleation sites 
and the fluid flow through this media is influenced by capillary action. The complex 
hydrodynamics within the porous structures compelled researchers to study their thermal 
and various geometric characteristics that affect boiling, such as effective thermal 
conductivity, porosity, permeability, pore size or diameter, particle or ligament size, and 
layer thickness. In this chapter, the effect of thermo-physical characteristics and coating 
thickness on boiling performance will be of interest. This boiling test is also conducted 
using the same boiling apparatus and procedure as shown in Chapter 3.  
5.1 Effect of Pressure on Boiling in Porous Media 
 
The boiling curves of a 100 PPI (pores per inch) copper metal foam clad surface at various 
saturation pressures, is shown in Figure 5.1. Irrespective of the working pressure, 
employing a porous medium for nucleate boiling allows boiling to be initiated at very low 
heat fluxes of about 2 W/cm2. Unlike, that of plain surfaces and even finned surfaces, 
from Chapter 3, that the ebullition process is sustained at higher heat fluxes of 5-10 
W/cm2. This proves that these porous coated surfaces can indeed advance the onset of 
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nucleate boiling as it provides sufficient active nucleation sites. Furthermore, due to the 
strong adhesion of water on the pores of the metal foam, natural convection is limited and 
the departing bubble is unable to drag the warm fluid out of the medium, thus the 
superheated liquid above the base surface remains, to assist in the growth of a new bubble. 
This is opposite to the phenomenon on plain surface wherein the vapor bubble removes 
the thermal boundary layer as it departs.  
 
Figure 5.1. Boiling curves of 100 PPI foam metal having different layer thickness at 
various pressures.  
 
In general, the effect of saturation pressure on the boiling performance of porous layered 
surfaces is similar to that of a plain surface that is at higher pressures the boiling curve 
shifts to lower wall superheats. As a consequence, the boiling heat transfer coefficient, hnb, 
rises to a higher value at higher pressures as shown in Figure 5.2. For the layer thickness 
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of 2 cm, the maximum hnb are 0.34, 0.45, and 0.83 W/cm2-K at heat fluxes of 11, 13, and 
18 W/cm2 (under 2, 4, and 9 kPa pressures, respectively). For the layer thickness of 0.25 
cm, the maximum hnb are 0.68, 0.87, and 1.06 at heat fluxes of 17, 19.5, and 21 W/cm2. 
(under 2, 4, and 9 kPa pressures respectively). Increasing the saturation pressure is seen to 
increase the maximum value of hnb and altogether displaces the locus of the hnb maxima to 
higher heat flux region. This is due to the smaller bubble sizes observed at higher 
pressures (e.g. at 2 kPa bubble size is about 40 mm and at 9 kPa bubbles size is smaller at 
15-20 mm), and given that the pore diameter of the 100 PPI metal foam is very small at 
about 0.127 mm, hence larger bubbles experience difficulty in creeping out of the porous 
media.  This in effect clogs the passageways for liquid flow causing an internal dryout.   
 
Figure 5.2. Boiling heat transfer coefficients of 100 PPI metal foam having different layer 
thicknesses at various pressures.  
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The sudden decline in slope of the boiling curve in the high heat flux region in Figure 5.1 
is also reflected in Figure 5.2 which shows that the hnb increases steadily at lower heat 
fluxes and peaks at a certain point of inflection before deteriorating at a rate similar to its 
ascension. This behavior is unexpected, since hnb of plain surface tends to continuously 
and steadily increase with heat flux before critical heat flux. This degradation in hnb is 
caused by bubbles clogging the pores, as discussed earlier. It is evident that the thinner 
layer has a higher hnb and peak hnb located in the higher heat flux region compared to that 
of the thicker layer. This implies that for a dense porous media, thinner layer thickness can 
increase the boiling performance and delay heat transfer degradation to higher heat fluxes, 
as the liquid and vapor flows through a shorter distance.  
 
Despite the observed enhancement in the low heat flux region and the numerous 
nucleation sites provided by porous surfaces, the values of hnb for porous surfaces are 
much lower that those observed for finned surface. This indicates that boiling at sub-
atmospheric pressures is greatly influenced by the space for bubble escape, that the said 
enhancements are outweighed by the lack of unrestricted bubble pathway.   
 
5.2 Effect of Thermo-Physical Properties  
 
Figure 5.3 shows the effect of thermo-physical properties on boiling heat transfer in a 
porous media. The permeability and effective thermal conductivity (porous layer and 
fluid) of the porous media are computed from the correlations provided by Bhattacharya et 
al (2002), in the form of Eqs. (5.1) and (5.2).  
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For most of the cases, increasing the effective thermal conductivity of the liquid bulk and 
porous media combination is observed to increase the hnb, which was similarly observed 
by Rainey and You (2003) that there is a proportional relationship between thermal 
conductivity and hnb.  Surprisingly, for the case of 1.0 cm thick porous layer at 9 kPa, its 
hnb peaked at 1.6 W/cm2-K and started to deteriorate at permeability of 0.01 mm2. This 
behavior is not seen for the 0.5 cm thick porous layer at similar pressure. This is due to the 
low permeability of the porous media that caused a large overall pressure drop, large 
enough to hinder liquid reflow and bubble escape, and so despite having a better 
conductivity the hnb decreased. But when the thickness was trimmed by half, from 1.0 cm 
to 0.5 cm, the overall pressure drop was alleviated to allow liquid and bubble to flow 
freely again, hence deterioration is not observed. Since increasing the thermal conductivity 
entails a lower permeability a balance between them should be made to have an optimum 
design point.   
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Figure 5.3. Effect of thermal conductivity and permeability on boiling performance of 
porous layered surfaces at a constant heat flux of 10 W/cm2.  
 
5.3 Effect of Layer Thickness 
 
To find an optimal porous layer configuration, foam metals of various pore densities of 
40, 60, and 100 PPI were formed to have different layer thicknesses of 0.25, 0.5, 1.0, 2.0 
cm.  For the 100 PPI metal foam, shown in Figure 5.4, optimal layer thicknesses are found 
to be 1 cm, 1 cm, and 0.5 cm at pressures of 2, 4, 9 kPa, respectively.  Having a layer 
thickness higher than 1 cm tends to deteriorate the hnb significantly, especially at lower 
pressures wherein bubbles have a larger diameter that would become impossible for vapor 
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to escape through narrow interconnected pores.  For the 9 kPa case, the decline in heat 
transfer coefficient for the reduction in layer thickness from 0.5 mm to 0.25 may be 
attributed to the decrease in the heat transfer surface area (this may be expected for the 
case of 2 and 4 kPa as well given that their layer thickness is further reduced).  
 
Figure 5.4. Effect of layer thickness on boiling performance of 100 PPI foam metal at 
various pressures under heat fluxes between 5-15 W/cm2 (20% error bars were 
implemented).   
 
For 60 PPI metal foam, shown in Figure 5.5, there was no maximum hnb observed but 
rather a minimum was found at 1 cm layer thickness for pressures 2 and 4 kPa. At 9 kPa, 
the hnb is found to be increasing proportionally with the layer thickness. This signifies that 
the larger pore size of 60 PPI of about 0.381 mm does not significantly hinder the boiling 
hydrodynamics and unlike that of 100 PPI wherein hnb significantly deteriorates with 
increasing thickness, hnb of 60 PPI behaves otherwise.  At lower pressures of 2 – 4 kPa, 
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the porous surface is seen to greatly improve at 0.25 mm layer thickness, because the layer 
is thin enough that it would not obstruct the vapor bubble.   
 
Figure 5.5. Effect of layer thickness on boiling performance of 60 PPI foam metal at 
various pressures under a constant heat flux of 10 W/cm2 (20% error bars were 
implemented).   
 
For the performance of 40 PPI metal foam, as shown in Figure 5.6, its hnb increases 
monotonically with layer thickness. Seemingly, at low pore densities 40 PPI, layer 
thickness is proportional to boiling performance. This is was possible because of their 
larger pore size which allows vapor and liquid counter-flow to occur at a much lower 
overall pressure drop. At 2 kPa, the hnb is seen to be independent from layer thickness, 
analogous to a fin with low efficiency that even its height is increases minimal or no 
improvement can be attained anymore, this is because at these large pore sizes the 
effective thermal conductivity of the porous medium is very low (i.e. 6.4 W/m-K).  
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Figure 5.6. Effect of layer thickness on boiling performance of 40 PPI foam metal at 
various pressures under a constant heat flux of 10 W/cm2.   
 
5.4 Augmentation ratio 
 
The augmentation ratio is defined as the ratio of hnb between the enhanced surface and the 
plain surface. To access how much enhancement is given by the porous layer, a chart of 
augmentation ratio against heat flux is shown in Figure 5.7. In general, the augmentation 
ratio declines with heat flux and is followed by a sudden deterioration in the high heat flux 
region. High augmentation ratios from 1.5 to 3.8 are observed in the low heat flux region, 
as boiling is initiated at a much lower heat flux, caused by the numerous active nucleation 
sites provided by the porous layer. Otherwise, the heat transfer mechanism would have 
been solely natural convection if plain surfaces were used. The sharp decline of the curve 
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in the high heat flux region is attributed to the significant increase in the overall pressure 
drop as vapor flow rate (evaporation) is increased, and the presence of stagnant vapor blob 
within the interconnected pores that hinders liquid reflow, this is also the reason why the 
augmentation ratio declines to values below 0.5, which implies that the heat transfer 
mechanism involve in the porous surface is worse than that of a plain surface.  The thinner 
layer t = 0.5 cm is observed to have a higher augmentation ratio compared to t = 2.0 cm 
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5.5 Effect of Grooves on Porous Surfaces 
 
Previous analysis has indicated repeatedly that one of the major setbacks of using porous 
surfaces is its impedance to the vapor flow. Logically, if the vapor is given a non-porous 
and dedicated pathway for its departure it is possible to improve its boiling performance. 
To achieve this, 1.5 mm wide channel is cut into the porous medium, extending from the 















no grooves, P = 2 kPa
1 groove, P=2 kPa
3 grooves, P=2kPa
no grooves, P=9 kPa
1 groove, P= 9 kPa
3 grooves, P=9 kPa
 
Figure 5.8. Boiling curves of 100 PPI foam metal (2 cm layer thickness) with grooves (1.5 
mm groove width).  
 
The boiling performance of the grooved metal foam (100 PPI), is shown in Figure 5.8.  It 
is apparent that the addition of grooves enhances the boiling performance, which offsets 
the boiling curve to higher heat fluxes at similar wall superheats with a steeper boiling 
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curve compared to the plain porous surface. Increasing the number of grooves produces a 
steeper boiling curve, and delays the decline in its slope to higher heat fluxes. 
Interestingly, at 9 kPa the addition of only one channel groove did not improve the 
performance of the porous surface at all, as the boiling curves of both plain and one 
grooved porous surface is coincident. On the other hand, the addition of just one groove 
already have a significant impact on the enhancement of boiling performance at 2 kPa, 































no grooves, P = 2 kPa
1 groove, P=2 kPa
3 grooves, P=2kPa
no grooves, P=9 kPa
1 groove, P= 9 kPa
3 grooves, P=9 kPa
 
Figure 5.9. Boiling heat transfer coefficient of 100 PPI foam metal (2 cm layer thickness) 
with grooves (1.5 mm groove width).  
 
The overall improvement in hnb highlighted in Figure 5.9. In general, at 2 kPa pressure the 
hnb initially increases with increasing heat flux, upon reaching a certain maximum value, a 
gradual deterioration follows. As the number of grooves is increased, the maximum 
attainable hnb is increased in value and is also displaced into higher heat fluxes (it is 
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increased from 11 to 24 and 47 W/cm2 for plain, 1 and 3 grooves respectively). The 
maximum hnb of the porous surface with plain, one groove, and three grooves are 0.34, 
0.65, and 1.01 W/cm2-K, respectively. An improvement by a factor of about 1.9 (for one 
groove) and 3 (for three grooves) compared to the plain porous surface.  
 
For 9 kPa pressure, the hnb of the grooved metal foam did not reach a maximum value and 
is observed to continuously increase with increasing heat flux, a behavior similar to that 
for a plain surface. This also indicates that bubbles are not experiencing significant bubble 
flow resistance. The maximum hnb of the   porous surface for plain, one groove, and three 
grooves are 0.83, > 0.84, and > 1.4 W/cm2-K, respectively. No significant improvement is 
observed with the addition of one groove, and an improvement of > 69 % is provided with 
the addition of three grooves. Given the larger bubble size at lower pressure, the creation 
of grooves benefited the boiling performance at low pressures more than that for higher 
pressure.  The overall improvement can be attributed to the narrow grooves on the foam 
metal, these grooves served as a separate vapor escape path (“vapor superhighway”), 
allowing immediate release of the bubble without having to go through the narrow pores 
that could clog the liquid reflow path. With this “grooved” configuration the liquid return 
to the nucleation site is assisted by capillary action within the porous medium.  
 
5.6 Visualization of Pool Boiling on Porous Surfaces 
 
It is always easier to understand a physical phenomenon when the process can be 
observed. This section presents a view of the boiling process on the foam metal clad 
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surface; the visualization is only taken superficially and so the internal processes such as 
capillary evaporation and thin film evaporation is not observed.  
 
A sequence of pictures of the boiling process is shown in Fig. 5.10. There are numerous 
active nucleation sites present, unlike the limited sites observed for plain surfaces and 
finned surface as shown previously.  This confirms the expected enhancement provided by 
foam metals that indeed a porous medium could increase number of active nucleation sites 
even at very low pressures. Although there may be several factors that cause this increase, 
such as increasing the surface area of the hot surface and the augmentation of thermal 
conductivity of the liquid-solid medium, the major factor is the ability of the metal foam 
to hold onto the superheated liquid due to strong surface tension within the pores. This 
limits liquid motion/convection and prevents the thermal boundary layer above the heater 
surface to be displaced or be removed by departing bubbles.   
 
Bubbles are seen to form at the periphery of the foam metal. With the thick layer of 
porous medium above the heated surface, bubbles inside the medium are constricted and 
are unable to flow out of the tortuous media. Unlike the bubbles at the sides there is no 
obstruction to its departure and this leads to a preferable location for continuous boiling.      
 
Another important feature of boiling on porous medium is the reduction of bubble 
departure diameter or bubble size.  The approximate bubble diameter shown in Figure 
5.10 is about 6 mm, which is significantly smaller than 30 mm that is observed for plain 
and finned surfaces for the same operating conditions. This is a very interesting 
observation because typically bubble departure diameter is highly dependent on body 
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forces for inertia-controlled bubble growth (which the case for low pressure boiling), these 
are buoyancy (a function of density difference between liquid and vapor) and surface 
tension that is basically a function of fluid properties, therefore for similar operating 
pressure bubble departure diameter is supposed to be the same. This reduction in bubble 
size can be attributed to the addition of foam metal that could have weakened the forces 






Figure 5.10. Saturated boiling of water on a 100 PPI copper foam clad surface at 2 kPa 
pressure and 10 W/cm2 of heat flux.  
 
In general increasing the pressure to 9 kPa is observed to have similar boiling process that 
is occurring at the periphery, the only difference is that more nucleation sites are activated, 
as shown in Figure 5.11. Again this is solely caused by pressurization that leads to a larger 
critical radius in effect increasing the range of available cavity size that could support a 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
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growing bubble. The bubble may seem to be slightly larger, but this is in fact due to the 
crowding of bubbles at the periphery that causes bubble coalescence at the base before 
departing.  This increase in the number of nucleation sites is reflected on the improvement 






Figure 5.11. Saturated boiling of water on a 100 PPI copper foam clad surface at 9 kPa 
pressure and 10 W/cm2 of heat flux.  
 
 
The augmentation ratio of these plain foam metal surfaces went below 1 at higher heat 
fluxes, implying that metal foam does not improve boiling performance but rather 
deteriorates it; this is mainly caused by the non-boiling condition inside the porous media. 
The crowding of the bubbles at the periphery can cause significant temperature non-
uniformity on the heater surface, with the center of the circular heat having the highest 
temperature and the periphery at the lowest temperature. To avoid this, vapor channels 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
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running across the foam metal were cut. The following figures show the boiling regime on 






Figure 5.12. Saturated boiling of water on a 100 PPI copper foam clad surface with one 
1.5 mm groove at 2 kPa pressure and 1 W/cm2 of heat flux.  
 
 
The camera was focused on the single groove located at the center of the foam metal. As 
shown in Figure 5.12, even at very low heat flux of 1 W/cm2 boiling is already initiated, 
which is much earlier than that for plain and finned surface wherein boiling is only 
initiated at a much higher heat flux of about 5 W/cm2. This unique feature of porous 
surfaces can be attributed to its ability to inhibit natural convection within the media as 
surface tension is enhanced by the small inter-connected pores. As discussed in the 
previous sections a weak natural convection regime could lead to early boiling and avoid 
hysteresis in the boiling curve. The boiling process observed is similar to that of finned 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
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surfaces. That is nucleation site is situated within the groove where a constricted bubble 
slug grows and upon reaching the liquid bulk it expands into a spherically shaped bubble 
as it departs. The channel will then be filled up with the surrounding liquid to start the 







Figure 5.13. Saturated boiling of water on a 100 PPI copper foam clad surface with one 
1.5 mm groove at 2 kPa pressure and 5 W/cm2 of heat flux.  
 
 
Increasing the heat flux to 5 W/cm2 significantly increases the bubble departure diameter, 
but the boiling process in general remains the same, as shown in Figure 5.13.  
 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 






Figure 5.14. Saturated boiling of water on 100 PPI copper foam clad surface with one 1.5 
mm groove at 2 kPa pressure and 10 W/cm2 of heat flux.  
 
 
At 10 W/cm2, as expected the bubble size in the channel is much larger. Such that the 
bubble slug that escapes from the corner of the channel forms two spherically shaped, with 
one exiting from the top and the other from the side, as it forms a “neck”, as shown in 
Figure 5.14 (enlarged) and Figure 5.15. Interestingly, the creation of channels prevented 
the occurrence of peripheral boiling as observed previously for plain foam metals (no 
groove). Conversely, the channel seems to be the preferred active nucleation sites as no 
boiling is observed to be taking place elsewhere.  
 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 






Figure 5.15. Saturated boiling of water on 100 PPI copper foam clad surface with one 1.5 
mm groove at 2 kPa pressure and 10 W/cm2 of heat flux (whole heater view).   
 
 
The large bubble shown in 70 ms in Figure 5.15 is about 25 mm in diameter. Such size is 
not observed for the plain foam metal and is typically observed only for plain and finned 
surfaces. The reason behind its large size could be due to coalescence of several bubble 
slugs within the groove that altogether forms a larger bubble. The shape of the bubble 
seems to be flattened at the top of the metal foam in 70 ms, this again shows the strong 
liquid cohesive forces in the porous media that the liquid-vapor interface is pulled into the 
pores.  
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 






Figure 5.16. Saturated boiling of water on 100 PPI copper foam clad surface with one 1.5 
mm groove at 2 kPa pressure and 25 W/cm2 of heat flux (whole heater view).   
 
 
Upon reaching 25 W/cm2 of heat flux, bubble coalescing inside the channel has become 
large enough that the channel is almost filled with vapor. Thus bubbles started forming at 
the circular periphery of the foam metal indicating that the single channel groove created 
has already reached its limit as a vapor transport path, as shown in Figure 5.16. This leads 
to degradation in boiling performance as bubble escape is hindered and this is reflected in 
its heat transfer coefficient that reached a certain point of inflection at 24 W/cm2, as 
shown in the previous section.  
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
- 139 - 
It is fairly a straightforward response to add more channel grooves to further 
accommodate for large bubble generation in the high heat flux region. The boiling process 








Figure 5.17. Saturated boiling of water on 100 PPI copper foam clad surface with three 
equally spaced 1.5 mm groove at 2 kPa pressure and 5 W/cm2 of heat flux (whole heater 
view).   
 
At 5 W/cm2, boiling occurs continuously at the leftmost channel and another at the 
rightmost channel, as shown in Figure 5.17. Although there is a vapor slug at the center 
channel, it simply oscillates in size and does not grow large enough to depart from the 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
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groove. This indicates that the boiling process on the two channels is sufficient to dissipate 
the heat from the heater surface. The oscillatory motion of the vapor slug at the center 
channel is due to the intermittent ebullition process from the two neighboring sites. The 
vapor slug shrinks when heat is taken by the adjacent bubbles, as shown in 20 to 30 ms.  







Figure 5.18. Saturated boiling of water on 100 PPI copper foam clad surface with three 
equally spaced 1.5 mm groove at 2 kPa pressure and 10 W/cm2 of heat flux (whole heater 
view).   
 
 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
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Increasing the heat flux to 10 W/cm2 provides sufficient heat input to sustain boiling in all 
of the channels, as shown in Figure 5.18. The boiling process in each channels seem to be 







Figure 5.19. Saturated boiling of water on 100 PPI copper foam clad surface with three 
equally spaced 1.5 mm groove at 2 kPa pressure and 20 W/cm2 of heat flux (whole heater 
view).   
 
 
At higher heat flux of 20 W/cm2 bubbles are larger and are coming out from all sides of 
the channel, as shown in Figure 5.19. Because of the large bubble size there is a tendency 
that bubbles starts to coalesce at the exit. The bubble size in 60 ms is observed to be larger 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
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than the heater, as bubbles from all three channels converge.  There seem to be no 
evidence of boiling at the periphery at 20 W/cm2 unlike that for the single channeled foam 
metal. This implies that the addition of two more channels proves to be effective in 
providing free path for bubble escape. Thus its operation is extended to higher heat flux 









Figure 5.20. Saturated boiling of water on 100 PPI copper foam clad surface with three 
equally spaced 1.5 mm groove at 2 kPa pressure and 40 W/cm2 of heat flux (whole heater 
view).   
 
Time = 0 ms                           1 mm Time = 10 ms                          1 mm 
Time = 20 ms                          1 mm Time = 30 ms                          1 mm 
Time = 40 ms                          1 mm Time = 50 ms                          1 mm 
Time = 60 ms                          1 mm Time = 70 ms                          1 mm 
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At a very high heat flux of 40 W/cm2, there is still no peripheral boiling present, as shown 
in Figure 5.20. But the fact that the constant occupation of the vapor slug in the channel 
indicates that its operating limit is approaching. As shown in Figure 5.9, the maximum 
heat transfer coefficient is reached at about 47 W/cm2. This again proves that the 
deterioration in the boiling performance is mainly caused by insufficient vapor space for 
bubble escape that would ultimately lead to boiling at the periphery (an indicator of 
limited vapor space).  
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Chapter 6 : Design and Modeling of a 
Compact Two-Phase Thermosyphon 
 
 
In years to come CPU thermal dissipations are going to approach 150 W from a 2.5 by 2.5 
cm square encapsulation. CPUs are allowed to operate until a maximum junction 
temperature of about 70 °C. Beyond this temperature level its motherboard automatically 
decreases its clock frequency (slows down the computer). Furthermore, CPUs that are 
maintained below this temperature limit can expect to have a longer operating life. 
Typically ambient temperature in air-conditioned space is about 25 °C. Therefore, the 
minimum overall thermal resistance (junction to ambient) required to accommodate future 
needs is about 0.30 K/W, and this will be the target value in the design of a two-phase 
thermosyphon.  
 
Another important parameter to consider is the operating space of the cooler within the 
CPU casing. As we all know, in the semiconductor industry there is a saying that “the 
smaller the better”. The overall height of an Intel stock cooler is about 63 mm including a 
fan. It will be another objective to design a two-phase cooler to the said height. To achieve 
this low thermal resistance and at the same time keeping the cooler compact, it is 
necessary to enhance the evaporator surface, because without doing so the boiling thermal 
resistance would be significantly high. For example, an evaporator base of 7 cm2 (about 
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the same area as the CPU encapsulation) receives heat from the CPU of about 150 W, the 
corresponding heat flux is 21 W/cm2, and this leads to a boiling heat transfer coefficient of 
0.9 W/cm2-K. Thus a boiling thermal resistance of 0.16 K/W is expected, which is more 
than 50% of the target overall thermal resistance of 0.30 K/W. The condensation 
resistance is expected to be low given that the area for condensation can be larger, which 
is unrestricted, unlike the evaporator surface that is limited by the spreading resistance if 
the evaporator area is increased.  
 
 
Figure 6.1. Pictorial top view of the two-phase cooler. 
 
The pictorial view of the two-phase thermosyphon is shown in Figure 6.1. This prototype 
is made from a cylindrical solid block of copper. The evaporator and condenser sections 
were formed using milling machines, it should be noted that the condenser width is limited 
by the availability of milling cutter for the given depth of cut that is about 40 mm. Thus 




w/ foam metal 
Condenser 
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machining of the curvilinear fin array is another tedious process involved in the 
prototyping. As a consequence of having a narrow fin space of 2 mm and a deep cut of 40 
mm, milling machines cannot be used for this particular job, hence wire electric discharge 
machine (EDM) was employed.     
 
Wire EDM uses thin copper wires of about 0.2 mm thick to spark erode the work piece, 
this allows very narrow channels to be created, provided that the two ends of the channel 
are open. Initial holes were drilled on the copper block wherein the electrode wire will be 
inserted, this serves as the starting point of the wire cutting. After finishing one channel, 
the electrode wire is removed and is inserted on the adjacent hole to create the fin.    
 
Table 6.1 below shows the dimensions of the two-phase cooler and the detailed schematic 
is presented in the Appendix.  
 
Table 6.1. Physical dimensions of the two-phase cooler. 
 
Evaporator base area 7 cm2 
Evaporator base thickness 4.5 mm 
No. of condensers 4 
Total condenser area 96 cm2 
Fins/condenser 10 
Fin thickness 1 mm 
Fin pitch 2 mm 
Fin length 40 mm 
Total fin area 1,443.4 cm2 
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6.1 Working Principle of a Compact Two-Phase Thermosyphon  
 
The proposed device, as described in the patent of Ng et al (2007), has 3 major but 
integrated sections viz. an evaporator, condenser and an array of air-cooled curvilinear 




Figure 6.2. Top section view of the two-phase cooler. 
 
The evaporator (copper) has a liquid-filled porous structure for boiling enhancement 
which takes in heat from the CPU case through a thermal interface material (thermal 
grease). At low vacuum pressures, the heat from CPU boils a liquid in the evaporator and 
the latent mode ensures high heat flux via the heat of the vaporization. The generated 
Condenser 
Vapor flow 
Evaporator/ porous structure 
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vapor condenses on the adjacent wall of the tube sections which operates as a condenser, 
utilizing the high film-wise condensation flux to give a uniform temperature distribution. 
Heat is rejected into the fins which are then cooled by the convective air. Condensate can 
be transported back into the evaporator section by, firstly, the gravity flow due to its 
upright orientation and secondly, by capillary action from the porous structure inside the 
evaporator, giving a continuous supply of coolant for evaporation at the base.  The 
evaporator may be placed in an inverted position with the liquid bulk in contact with the 
said structure. The compactness of the device is attained through the integration of 
evaporator and condenser sections into a tube section and working the condensable fluid at 
its saturated properties.  
6.2 Governing Equations 
 
As heat flows through the two-phase cooler from the heat source to the ambient, it 
encounters several thermal resistances. The five major thermal resistances in the two-
phase cooler are: 1) Spreading resistance, 2) Interface resistance, 3) Conduction 
resistance, 4) Boiling resistance, 4) Condensation resistance, and 5) Convection resistance. 
The diagram in Figure 6.3 shows these resistances.  













Figure 6.3. Internal diagram of the two-phase cooler with thermal resistances between 
each component indicated. 
 
Directly mounting the cooler onto a CPU, a thermal interface material (TIM) is typically 
applied on the contact surfaces to fill the air gap (low thermal conductivity) at the contact 
interface. The TIM used in the experiment is Artic silver 5 which has a thermal 
conductivity of about 8.89 W/m-K. This interface resistance between the CPU and the 
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Heat spreading is encountered due to the larger device’s base area than the CPU’s 
encapsulation area and it is given by an approximate formula provided by Lee et al. 
(1995): 
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                                                                             (6.3) 
A porous structure is bonded to the device’s base plate as a technique to enhanced boiling. 
A modified Rohsenhow correlation for pool boiling on porous structures at sub-
atmospheric conditions provided by Ng et al. (2006), which predicts the boiling superheat 
required for a certain heat flux at various pressure conditions and boiling enhancements. 
The exponent α has a negative sign implying a decreasing temperature superheat as wetted 






























































=               (6.5)   
where Csf = 0.132, n=0.33, m=0.293, and α = -0.0984 
Falling film condensation is expected on the vertical sides of the condenser section. An 
empirical correlation by Nusselt (1916) from Holman (1999) was used to predict the heat 
transfer coefficient of the said condenser section, condensation resistance is calculated 
subsequently: 



























                         (6.7) 
Air flowing externally through an array of curvilinear channels was approximated to be 
parallel plate channels and the configuration permits the use the friction factor data for a 
developing laminar flow through parallel plates as cited by Shah et al. (1978) and is fitted 






               (6.8) 
where B= 23.73, W=0.2198, which have been regressed from the data.  
 
The inlet loss coefficient Kc for flow into rectangular duct with small aspect ratio (Fin 
gap/Fin height) is taken from Idelchik (1994). A curve fit for the exit loss coefficient Ke 
for parallel plates is taken from Copeland (2000), the data was gathered by Kays et al. 
(1984).  
45.0=cK                (6.9) 
nn
eK σσ 4.0)1(
2 −−=             (6.10) 
where σ is the area contraction ratio (fan free flow area/heat sink flow area)   
 
Then the total channel pressure drop for each channel is given by the sum of the inlet, 
friction, and exit losses. Solving this requires successive iteration of the channel velocity  
n
chan
V   such that pressure drop across every channel is the same and that the total air flow 
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rate of the heat sink must be equal to the available fan air flow rate for that pressure 
(balance point in the fan curve Fig. 9a).  
( ) 2/)4( 2nambnncnchan chaneapp VKxfKP ρ++=∆ +                                       (6.11) 
Finally, the convective heat transfer of a laminar developing flow in a rectangular channel 
was studied by Shah et al. (1978) and the data was curve fitted by Siani et al. (2003) into 



















                 (6.12) 
where X=7.43, Y=0.0405,  Z= 13.12 , which have been regressed from the data.  
 
With the convective heat transfer coefficient known, the following equation for heat 
dissipated by each fin and base can be solved; subsequently this was summed to get the 
total convective heat transfer resistance of the air-cooled. Each of the summed term is 
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Figure 6.4. Computational scheme of the simulation code. 
 
Figure 6.4 shows a flowchart of the computational algorithm used in modeling the two-
phase cooler. All of the said governing equations are solved simultaneously using a 
mathematical solver, with variable water and air properties. The simulation results are 
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6.3 Experimental Investigation of a Compact Two-Phase Thermosyphon 
 
6.3.1 Experimental Apparatus and Procedure 
 
The pictorial and schematic views of the experimental apparatus used to measure the 
performance of the designed CPU cooler are shown in Figure 6.5 and Figure 6.6, 
respectively. The apparatus integrates a flow bench and a thermal tester into one single 
set-up, this enables the simultaneous measurement of thermal resistances in the device for 
various air flow rates and heat loads. Air flow was controlled by two variable transformers 
of centrifugal blowers located at the inlet (pushing) and outlet (pulling) of air flowing in a 
duct.  It maintains the air pressure in between the CPU cooler to be at atmospheric 
conditions which is crucial for correct heat transfer analysis and is similar to the state 
when the cooler operates in the ambient conditions. Heat load is introduced to the cooling 
device through an insulated 3 cm diameter copper heater block (with three 150W cartridge 
heater inserts) clamped onto its bottom plate. The porous structure in the cooler’s 
evaporator is made from commercially available 60 pores per linear inch (PPI) copper 
metal foam (Porvair). It has a pore diameter of 0.38 mm, 95% porosity, and provides 


























Figure 6.5. Pictorial view of the test rig. 
 
Static pressure taps are located at the entrance and exit section of the cooling device that 
measure the pressure drop across it. A pitot-tube was placed at the extended outlet of the 
air duct measuring the air flow rate. Two low pressure differential transmitters (type 
Johnson Controls DPT 2641-1, with a standard accuracy of ±0.5%) are used to measure 
the pressure drop and the air velocity from the pitot tube. Thermistors having an accuracy 
of ± 0.1 °C are used to measure the corresponding temperature levels on each section of 
the device, namely the bottom plate, boiling surface, saturation temperature, and 
condenser wall surface. RTDs having ± 0.3 °C accuracy are used to measure temperatures 







- 156 - 
heater surface, because its maximum operating temperature is about 75 °C and heater 
temperature may exceed this limit.  Temperature readings are then logged by a HP Agilent 
34970A data logger, and is stored in a personal computer.  A BOC Edwards ASG 1000 






Figure 6.6. Schematic of the testing rig. 
 
Heat leak tests were done on the insulated heater block to account for radiation and 
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that all the heat input is completely leaked to the ambient. Electrical power input to the 
heater was varied from 1 to 10 W in steps of 0.5 W, the heater block would then reach a 
certain steady temperature above the ambient for every electrical power input, and that 
electrical power is taken to be the heat leak value at this temperature difference between 
the heater block and the ambient air. This was done at various air flows covering the 
testing range. The correlation between heat leak and temperature difference is shown in 
Figure 6.7. The definition of heat load hereafter shall be the net heat load (electrical power 
input minus the calibrated heat leak). 
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Figure 6.7. Heat leak test on the thermal tester. 
 
The testing commences with the charging of the working fluid (water) into the device, a 
rotary vane vacuum pump purges air and non-condensible gases out of the system. 
Blowers are then turned on and varied to the desired air flow rate with the air pressure in 
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the test section maintained at 1 atmosphere, as is in the actual case. Then the electrical 
power input to the cartridge heaters is varied in steps from 20W to 220W, steady state 
temperatures at each heat load is used to compute for various thermal resistances in the 
device.          
 
6.3.2 Optimization of the Curvilinear Fin Array 
 
Majority of CPU coolers incur more than 50% of their thermal resistance due to air 
convection, which is why it is known to be the major “bottleneck” of such devices. 
Knowing the importance of the air side cooling, optimization of the curvilinear fin array 
was done for various fin thickness as shown on Figure 6.8. If fin thickness is held 
constant, increasing the number of fins corresponds to a reduction in fin pitch. The result 
shows that there is a minimum thermal resistance for every particular fin thickness 
configuration. Increasing the number of fins doesn’t necessarily mean that thermal 
resistance with decrease indefinitely, it will reach a certain point wherein the friction 
losses incurred by the air flow is sufficiently large such that air flow is impeded, and this 
leads to a significantly poor convection heat transfer.  The chart shows that at larger fin 
pitches or lower number of fins (i.e. 11 and below), thermal resistance is inversely 
proportional to fin thickness and subsequently increasing the number of fins will create 
increasing thermal resistances. The optimal fin configuration found has a fin thickness of 
0.5 mm and a pitch of 1.66 mm which has the lowest convection thermal resistance of 
only 0.1011 K/W. Unfortunately, this fin is too thin to cut mechanically. Subsequently, a 
fin thickness of 1 mm and 2 mm pitch is fabricated.  



























Figure 6.8. Convection thermal resistance of the cooler versus number of fins for various 
fin configurations.  
 
6.3.3 Performance of the Two-Phase Thermosyphon 
 
Steady state temperatures for all components of the cooling device is plotted against the 
heat load at a fan flow rate of 0.98 m3/min (balance point shown in Figure 6.15 ) as shown 
in Figure 6.9. The performance of the cooling device was impressive, operating below the 
thermal design limit (heater surface temperature did not exceed TDL of 75 °C) even with 
200W of heating.  


































Figure 6.9. Steady state temperature levels at various heat loads (vertical orientation). 
 
 
In terms of thermal resistances, Figure 6.10 shows us a clear overview of the four major 
resistances of the device. At lower heat loads of 20W to 100W, the evaporator has low 
evaporator saturation temperatures of 20°C to 35°C, both the condensation and boiling 
resistances are larger. At high heat loads, both resistances decrease asymptotically. This 
phenomenon was expected for water boiling at very low saturation pressures (2 to 4 kPa) 
as it requires higher boiling superheat, as explained by McGillis et al. (1990) and Gorenflo 
(1993). 
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Figure 6.10. Thermal resistances at various heat loads (vertical orientation). 
 
The reason for the asymptotic reduction in thermal resistance could be reinforced by 
pictorial evidence from high speed photography, as shown with graphs of Figure 6.11 and 
Figure 6.12: The two sequences of monochrome pictures depict the nucleation, formation, 
interaction, and departure of bubbles on a porous metal-claded boiling surface were 
captured under saturation pressures of 2 kPa and 9 kPa at a supplied heat flux of 5 W/cm2.  
The difference between the two ebullition processes is distinct and observable. For the 
case of 2 kPa, few active nucleation sites are found whilst the bubble departure frequency 
(e.g. one bubble per 400-500ms) is lower, implying that boiling can not be sustained 
despite the many boiling sites provided by the foam metal. For the 9 kPa case, more active 
nucleation sites are observed with higher bubble-departure frequency of one bubble per 
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50-60ms. It is clear from these figures that bubble detachment occurs only when two 
nearby bubbles coalesce, forming a larger bubble that has greater buoyancy effect. To 
sustain such a phenomenon, a higher wall superheat is needed for the bubble to coalesce 
and depart. All these are the main contributing factors to the deterioration of boiling heat 
transfer coefficient at sub-atmospheric pressure.  
 
  







                             
 








                                                                          




                                                                            
                        
 
   
Figure 6.12. High speed video of water boiling from a porous structure at 9 kPa. 
1mm 
Time = 0 ms 
1mm 
Time = 14 ms 
1mm 
Time = 32 ms 
1mm 
Time = 54 ms 
1mm 
Time = 0 ms 
1mm 
Time = 412 ms 
1mm 
Time = 422 ms 
1mm 
Time = 400 ms 
- 163 - 
At head loads of 120W to 220W, thermal resistances in the device can be broken down 
into the following; convection resistance is 0.128 K/W, boiling resistance is 0.074 K/W, 
condensation resistance is 0.0037 K/W, and an interface resistance of 0.054 K/W. It also 
shows that the heat transfer “bottleneck” within the device is yet the air convection from 
the fins contributing 50% of the total thermal resistance, while boiling, interface, and 
condensation resistances are only 28%, 21%, 1%, respectively. The overall device thermal 
resistance (without interface effect) up to 220 W cooling is only 0.206 K/W.  
 
Classical plots of heat flux versus ∆T for the porous structure and the plane surface at sub-
atmospheric pressures (2 kPa – 4 kPa) are also shown in Figure 6.13. The porous 
structure’s boiling curve being situated at a lower superheat region signifies a better 
boiling heat transfer performance compared to plane surface. It also shows a gradual 
increase unlike the steeper slope seen for plane surface, implying that there is a decrease 
in the boiling performance for the porous structure at higher heat fluxes caused by a vapor 
or bubble blob-locked inside. It prevents any liquid entry into the porous surface, showing 
early signs of transition to the Leidenfrost phenomena. Although no distinct critical heat 
flux (CHF) behavior for the porous structure is observed for the whole test. Notably, the 
surface heat flux has reached twice of that for a plane surface. The onset of nucleate 
boiling, on the other hand, started earlier (lower ∆T) with the use of porous structure as it 
provides a vast number of nucleation sites. 
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Figure 6.14. Boiling heat transfer coefficients at various saturation temperatures. 
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The boiling heat transfer coefficient of the porous structure is compared with a plane 
surface boiling predicted by the Cooper’s boiling correlation (1984) under reduced 
pressures, shown on Fig. 6.14. From the lowest to the highest saturation temperature the 
heat flux is in the range of 3 W/cm2 to 24 W/cm2 with a step increase of 3 W/cm2. Both 
heat transfer coefficients are increasing at higher heat fluxes and saturation pressures. 
Significant improvement in boiling is observed with the use of the porous structure; the 
heat transfer coefficient is enhanced by two to four fold as compared to plane surface at 
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Figure 6.15. Air pressure drop through the cooler at various flow rates. 
 
Details of air cooling is depicted by Figure 6.15 which shows the different fan curves at 
various fan speed settings of an axial flow fan (92mm x 25mm) from ADDA Corp (2006). 
The actual and predicted air pressure drops are in close agreement with maximum 
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deviation of only 7%. From Figure 6.16, predicted and actual convection thermal 
resistances are observed to have a similar trend as both gradually decrease with increased 
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Figure 6.16. Convection thermal resistance of the curvilinear fin array at various air flow 
rates. 
 
Orientation effects of the device are also studied. The testing rig was tilted horizontally 
(90 degrees tilt) to emulate the usage inside a computer casing, and verifying whether 
there is performance deterioration from such positions. One aspect of two-phase 
closed/loop design is that it requires a vapor path to the condenser and the liquid 
condensate to flow back into the evaporator in the titled orientations (gravity driven). 
Figure 6.17 shows the steady temperature readings on different parts of the device. The 
heater surface temperature was below 70 °C at 200W on a slightly higher air flowrate of 
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1.025 m3/min (36.2 cfm). The reason behind this improvement can be seen on both Figure 
6.18 and Figure 6.19. With increasing heating load there is a reduction by 15.4% in the 
boiling resistance from 0.074 K/W to 0.0625 K/W. The horizontal orientation is observed 
to function well: the device permits the porous structure to be fully wetted and this allows 




































Figure 6.17. Steady state temperature levels at various heat loads (horizontal orientation). 
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Figure 6.18. Thermal resistances at various heat loads (horizontal orientation). 
 
A summary of the different types of thermal resistance in the device under 200W of heat 
load and fan flow rate of 0.98 m3/min is shown in Figure 6.19. Modeling results are 
compared with the experiments, showing good agreement with one another. Simulated 
boiling resistance tend to be underestimated, as it ignored the conductivity of the porous 
structure’s bonding material (silver loaded epoxy) to the device’s base plate. The 
convection resistance is overestimated by 19.66%; it is lower due to the additional surface 
area of the evaporator-condenser section exposed to the air stream. The total thermal 
resistance of the device (inclusive of interface) at vertical orientation is 0.26 K/W and 
slightly improved to 0.247 K/W at horizontal orientation (90 degrees tilt).    
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Figure 6.19. Contrasts between predicted and experimental results. 
 
Among the various cooling devices reviewed, shown in Table 6.2, the performance of this 
compact two-phase cooler is found to be the best as it has the most compact configuration 
at 200W heating load, the total thermal resistance of the device is only 0.26 K/W. 
Although some other coolers in the literature have a much lower thermal resistance their 
shear bulk could potentially be shunned by the market because typically the maximum 
allowed CPU cooler height, based on the width of the CPU casing, is about 150 mm. This 
should justify that the CPU dimension must be considered in the performance comparison 
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6.4 Tubular Two-Phase Thermosyphon Cooler   
 
Experimental results from the previous sections illustrate that condensation thermal 
resistance is negligible and despite the use of porous metal foams boiling and convection 
thermal resistances remain high at about 0.07 K/W and 0.13 K/W, totaling to a staggering 
0.2 K/W which is about 77% of the overall thermal resistance. The contact interface also 
contributes about 0.05 K/W of thermal resistance, despite using the best thermal interface 
material in the market as of today. The improvement of TIM is beyond our field of 







Height x Width  
(mm) 
Total 












(Tuma et al., 2006) 463.5 184 x 97 0.175 26 100 
Thermosyphon (Cu) 
(Tuma et al., 2006) 382.7 184 x 54 0.288 24 100 
Thermosyphon 
(Webb et al., 2002) 532.2 194 x 100 0.220 24 170 
Thermosyphon 
(Webb et al., 2002) 904.5 194 x 200 0.185 24 190 
Miniature heat pipe 
(Kim et al., 2003) 252.7 80 x 80 0.410 N/A 70 
Loop heat pipe 
(Maydanik et al., 2005) 114.9 60 x 65 0.580 22 140 
Flat loop heat pipe 
(Singh et al., 2007) 108.3 60 x 80 1.200 24 70 
Fin-Fan heat sink 
(Siani et al., 2003) 373.6 50 x 80 0.338 35 103 
Micro-channel cooling 
(Chang et al., 2006) 809.0 160 X 60 0.23 20 105 
Author’s  test unit 485.0 65 x 96 0.260 20 200 
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research and is left to the material engineers to enhance its performance.  Obviously there 
is much room for improvement from the ALPHA version, the patented cooler presented in 
the previous sections.  The poor bonding of the porous media onto the evaporator base 
plate can be eliminated by using integrally formed fins as boiling surfaces, as described in 
Chapter 3. Since condensation is insignificant, the condenser space can be reduced and 
this space will be allotted for additional fins.  
 
To achieve these desired modifications, a tubular two-phase thermospyhon, BETA cooler, 
is a new concept that is thought to be the type that could potentially deliver the desired 
improvement sought, as shown in Figure 6.20. Furthermore, the simplistic design could 
























Figure 6.20. Pictorial view of the tubular two-phase thermosyhon, BETA cooler. 
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The detailed description of its internal design will not be presented, as patent has yet been 
filed during the time of writing. The height of the air-cooled condenser is 64 mm, the base 
plate is 5 mm, and with the fan about 25 mm, the overall height is about 94 mm. the 
copper tube above the base plate is not considered because it only served as a vacuum 
port. The diameter of the cooler is 90 mm and a total weight of 500 grams.   
 
 
6.4.1 Testing Methodology 
 
 
To have working prototype operating similar to an actual product, temperature 
measurements inside the cooler (e.g. evaporator surface, condenser wall) will not be 
carried out, as it may affect the performance of the cooler. But rather, only the CPU 
junction and ambient air temperatures will be measured.  
 
The primary objective of the experiment is to determine the cooling performance of the 
BETA cooler in a real setting (not simulated heat loads). Also in conjunction with this test, 
a highly acclaimed aftermarket cooler, the Zalman CNPS9700NT (shown in Figure 2.4) 
and the default Intel stock cooler (shown in Figure 2.3) will be tested to serve as a basis of 
comparison with the BETA cooler.  
 
The test system includes a desktop computer with an ASUSTek Computer Inc P5K PRO 
motherboard with Intel P35 chipset. Three different types of CPU chips are tested, which 
includes a single, two, and four cores. The chips selected are Intel Pentium 4 Prescott 560, 
Intel Core 2 Duo E6750 and the Intel Core 2 Quad Q6600. Experiments are carried out 
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within an air-conditioned laboratory with ambient temperatures of around 20°C. The 
motherboard is mounted together with the rest of the peripherals into a chassis.  
 
To achieve a 100% CPU loading, which provides the highest heat dissipation (TDP) for a 
particular frequency and voltage, a computer program called “Orthos” is employed that 
can run an algorithm repeatedly such that the total  processing power of the CPU is fully 
utilized. Using the windows task manager within the windows vista operating system the 
CPU percentage loading is monitored. The CPU junction temperature is measured from 
the built-in thermal diode within the chip.  Both the CPU temperature and power 
consumption can be monitored using diagnostic software packages such as, Speedfan and 
CPUID hardware monitor. Three thermocouples were used to measure the ambient air that 
is driven by the fan into the heat sink; it is located about 1 cm away from the fan hub. The 
readings are monitored by an Agilent Benchlink 34970A Datalogger. The average of these 
three temperature readings will be considered as the ambient air temperature.   
 
Before the test run, the cooler is mounted onto the CPU integrated heat spreader (IHS) 
with a layer of thermal interface material (TIM). The TIM used is a commercially 
available OCZ ultra silver 5+, which has a thermal conductivity of 8 W/m-K. The coolers 
are tested with various CPU clock frequencies, which are proportional to the 
corresponding heat loads.   The values for CPU temperature are recorded after steady state 
is reached running at 100% load. This is done by manipulating the Front-Side Bus 
frequency and CPU core voltage setting through the Basic-Input-Output-System (BIOS) 
of the motherboard. For each frequency, the 100% load CPU temperature values are taken 
and the BIOS configuration is recorded.  
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6.4.2 Comparative Analysis of CPU coolers 
 
 
In general, the performance of the Zalman and Beta cooler is similar for single and dual 
core processors and they were able to maintain CPU temperatures  below 70°C, as shown 
in Figure 6.21. The Beta cooler is seen to outperform the inter fin fan cooler by a factor of 
1.8 for dual core processors, as the Beta cooler is able to maintain the CPU temperature 
constantly lower by 23 °C compared to that of fin fan cooler. It should be noted that using 
both the Zalman and Beta cooler the 4 GHz barrier was finally broken. It was thus shown 














Figure 6.21. CPU steady state temperature levels at various clock frequencies. 
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For the Quad core processor, which has about twice the die size compared to the single 
and dual core (single and dual core has the same die size despite the indication of dual). 
Surprisingly the Beta cooler finally outperforms the Zalman cooler, by an average margin 
of 4 °C. The performance of Zalman is observed to significantly deteriorate beyond 3 
GHz. Given that the heat dissipation of the Quad core is expected to be beyond 150 W, 
this implies that the Zalman cooler has already reach it operting limit. Since the Zalman 
cooler operates as a heat pipe, there is a possibility that at high heat loads, the working 
fluid already begins to boil and vapor bubbles start to form within the wick structure 
which would degrade its performance significantly (this could be happening in the heat 
pipe near the CPU hot spot).  
 
6.5 Performance Rating of CPU Coolers 
 
An ideal CPU cooling device comprises the following three key characteristics, namely (i) 
high capacity for heat removal within the specified thermal design limit of CPUs, (ii) low 
active power (electricity) consumption and (iii) compact design requiring low 
maintenance. The insatiable need for fast clocking speeds of CPUs through the large scale 
integration of integrated circuits within a wafer has resulted in system designs with 
increasingly high heat generation within the wafer’s footprint. The International 
Technology Roadmap for Semiconductors has projected that CPUs would generate up to 
200 Watts in the near future. Considering these various aspects and the key role of CPU 
coolers, this paper is proposing a Figure of Merit and a performance chart to aide in 
comparing their design and performance.  
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Current central processing units (CPUs) of personal computers and server units are 
designed with heat dissipation in the range of 120-150W on a 1 cm square wafer or die. At 
such heat generation rates, most CPUs operate at temperature levels approaching their 
thermal design limit, typically about 70oC, resulting in unreliable operation and possibly 
an irreversible component failure. To improve reliability, a built-in thermal monitor 
maintains the wafer below the allowable maximum operating temperature by de-rating its 
duty cycles, resulting in a lower computing performance. It has been reported that many 
consumers and computer enthusiasts are opting for alternative but costly means of cooling 
that could potentially provide longer life and higher performance for their CPUs.  
 
In recent years, heat pipe assembled heat sink and liquid cooling systems are popular 
products in the market, but are typically accompanied by huge air-cooled condensers or 
radiators. Such designs are considered to be the standard alternatives provided by retailers. 
Experimental studies by Kim et al. (2003) and Moon et al. (2001) showed that the overall 
resistances of such coolers are in the range of 0.35 K/W to 1.0 K/W. Miniature heat pipes 
are reliable, made with intricate and tortuous condenser sections to further enhance air 
convection, this seems to be the trend in the market and is probably at the limit of its 
design. Other types of heat pipe such as pulsating (Katoh et al., 2004) and miniature loop 
(Maydanik et al., 2005) heat pipes are also being considered. Liquid cooling for high heat 
density applications was made possible by employing a heat transfer enhancement such as 
mini/micro-channels. The former is already available in the market. Concerns on its 
inherent bulk (ambient heat sink or radiator), power consumption, and cumbersome 
installation made it less attractive to consumers. Although micro-channel liquid cooling, 
studied by Chang et al. (2006), exudes excellent performance, an overall device thermal 
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resistance of only 0.23 K/W may not be sufficient to fully convince the market 
considering its shortcoming. 
 
Two-phase thermo-syphons and vapor chambers show promising performance due to the 
phase change processes involved, according to academic and industry research. Siani et al. 
(2003) provide a thermo-syphon concept with the use of an air-cooled heat exchanger 
(condenser) based on a compact design from the automotive industry.  It resulted in a 
reduction in thermal resistance to about 0.20 K/W.  The major issue is its orientation 
sensitivity with the condenser having to be on a higher elevation than its evaporator for 
proper operation. More sophisticated and high-end type of CPU cooling methods, 
involving the use of micro-channels and impinging jet devices, are still under 
development. With all these diverse cooling devices having different sizes, power 
consumptions, and operating temperature levels, distinguishing them from one another 
solely according to their overall thermal resistance seems to be inadequate. The need for 
design and performance differentiation provides motivation for a general thermodynamic 
figure-of-merit (FOM) to characterize each of these devices. 
 
6.5.1 A Generic Model 
 
Figure 6.22 illustrates a generic configuration of a CPU cooling device rejecting heat from 
the surface of CPU encapsulation to the ambient air. A primary heat transfer device is 
mounted directly on the CPU built with a mode of linkage to a secondary device (ambient 
heat sink) rejecting heat to ambient air. An example would be the fin-fan heat sink, in this 
case the solid metal block that is placed directly in contact with the CPU’s integrated heat 
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spreader, considered as the primary heat transfer device. The attached fins are the 
secondary heat transfer device of the fin-fan cooler. In addition, there could be more than 
two interconnected heat transfer devices, which would introduce more variables of 
thermal resistance, but could still possibly perform much better with the introduction of 
enhanced heat transfer, such as boiling, impinging jet/ spray cooling, and forced 
convection. It is really the designers’ prerogative whether to employ these cooling 
techniques for CPU coolers, as its performance gains would have to be weighted against 











Figure 6.22. A generic model of a CPU cooling device 
 
To emphasize the shortfall of the overall thermal resistance or R-value to serve as the 
“yardstick” for performance, quantitatively a device having a huge heat sink remotely 
located with interconnecting flexible hose lines would result in a very low R-value. 
Apparently this would seem to be the best CPU cooling device based on the R-value 
alone. The analysis of CPU coolers demonstrates that a computed FOM, which credits 
compactness, operating temperature level and heat transfer characteristics, indicates that a 
- 179 - 
much smaller sized device with a suitable R-value may be assessed as a better device. 
With the inclusion of these critical factors, a better representation, and equality in 
performance evaluation would then be possible.  
 
6.5.2 Number of Transfer Units (NTU) 
 
The number of exchanger transfer units (NTU) as shown on Eq. (6.16), is adopted to 
consider the heat transfer characteristics of the device into the proposed figure of merit, 
where UAdevice is the overall heat transfer coefficient for the cooling device.  It is computed 
as the reciprocal of the total thermal resistance between the CPU source and the ambient 
air.  The minCpm
•
is the minimum capacity rate of a heat exchanger.  Typically, for CPU 
cooling devices, it is the capacity rate of air at the bottleneck for heat transfer. For most 
cooling devices, there is an optimal value for NTU such that beyond this point further 
increase in the air flow rate would result in an asymptotically increasing UAdevice, resulting 
to a significant deterioration of NTU. This occurs when the magnitude of increase in 










- 180 - 
 
6.5.3 Temperature ceiling to thermal design limit (Φ ) 
 
To account for a cooling device’s capability of handling additional heat load 
(design margin) at the thermal design point (TDP), i.e. CPU temperature at 70oC for 
100W, a dimensionless parameter Φ  was then considered.  This is defined as the ratio of 
additional allowable cooling capacity Qextra to the maximum cooling capacity Qmax. After 
some simplification a dimensionless temperature difference was derived in the form of Eq. 
(6.17).  This factor shows distinction of devices that are at their limits from those that are 
still sufficient for operation. In the case in which Tcpu is lower than Tamb, Φ  would give 
credit to such a device. This is possible for refrigeration systems. Tamb and Tcpu are 
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6.5.4 Ratio of heat transfer to overall device characteristic length (Π ) 
 
Compactness of a device is also acknowledged as an important factor in the design of 
CPU coolers, as space is considered to be luxury in the electronic industry. A compactness 
parameter (Π ) was then devised - defined here as the ratio of the heat exchanger 
characteristics length Lhx to the overall device characteristic length Ltot. It is noted that Lhx 
is defined as the total heat transfer device volume Vhx (i.e. evaporator, condenser, radiator, 
fin heat sink and etc.) over the detachable base area mounted on top of the CPU Abase, 
whilst Ltot is the total device volume (this is Vhx including the volume of the auxiliary parts 
such as flexible connections, fans, headers, pumps, and etc.) over the encapsulated heat 
source area Acpu. The said volumes are not their skeletal volumes but rather their apparent 
volumes occupied. For example, an 80mm x 20mm fan would have an enclosed volume of 
128cm3 and not the summation of blade, stator, casing, and motor material volumes. This 
factor determines the space functionality rather than the physical compactness. Thus, a 
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6.5.5 Figure of Merit (FOM) 
 
Finally, a figure of merit which is the product of the said parameters is proposed, 
as shown on Eq. (6.19). The dimensionless figure of merit is now a function of the 
device’s heat transfer characteristics (NTU), temperature effectiveness or additional 
capacity (Φ ), and compactness (Π ), showing universality, fairness, and simplicity. The 
FOM gives credit to cooling devices that provides excellent cooling performance at its 
most compact design.  
















































  (6.19) 
 
6.5.6 The Universal Performance Chart  
 
A performance chart of 1/COP vs. 1/FOM was made to graphically distinguish and 
compare CPU cooling devices based on their efficiency and performance under a specified 
baseline heat load (Q) and thermal design limit (Ttd), the coefficient of performance (COP) 
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Table 6.3. CPU cooling device’s performance factors with cooling load ranging from 70-
100 Watts and a TDP of 70 oC. 
 
 
Based on published literature on CPU cooling devices such as liquid cooling, different 
types of heat pipe assembly, the conventional fin-fan heat sinks and two-phase 
thermosyphons, provided with adequate design and performance data from these 
publications, the corresponding COP and FOM numbers of these devices were tabulated 
on Table 6.3 and also plotted on a chart shown on Figure 6.23.  A concave upward curve 
was then drawn to best fit each device’s point in the chart. Coincidentally the curve is 
observed to be similar with the universal characteristic plot for chillers by Ng (2004). Four 
distinct regions are also noticeable that could provide qualitative understanding on each 
performance characteristics: 
 




(K/W) COP NTU Π  Φ  FOM 
Ng et al. (2007) 49.2 30.0 0.213 16.07 0.3217 0.5367 0.5208 0.0899 
Ng et al. (2007) 52.7 30.0 0.257 45.76 0.3781 0.5367 0.4330 0.0879 
Webb et al. (2002)  45.9 26.0 0.199 18.45 0.3983 0.3537 0.5477 0.0772 
Fink (2007) 35.8 22.0 0.154 13.66 0.2670 0.3607 0.7115 0.0685 
Ng et al. (2007) 59.0 30.0 0.322 47.05 0.3255 0.5367 0.2749 0.0480 
Tuma et al. (2006) 44.7 24.0 0.207 15.50 0.2321 0.2734 0.5500 0.0349 
Tuma et al. (2006) 41.5 24.0 0.175 12.45 0.1765 0.3129 0.6196 0.0342 
Webb et al. (2002) 57.2 26.0 0.312 47.24 0.4065 0.2617 0.2909 0.0309 
Katoh et al. (2004) 44.0 25.0 0.190 13.33 0.3025 0.1394 0.5778 0.0244 
Kim et al. (2003) 61.0 25.0 0.475 37.32 0.1738 0.6382 0.2000 0.0222 
Chang et al. (2006) 53.0 30.0 0.230 12.62 0.1786 0.2774 0.4250 0.0211 
Siani et al. (2003) 65.0 30.0 0.378 21.03 0.2375 0.1337 0.1250 0.0040 
Maydanik et al. (2005) 67.6 20.0 0.680 20.92 0.0991 0.5138 0.0480 0.0024 
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T/S  (2 Cond,Tuma et al. [8])
T/S (1 Cond, Tuma et al. [8])
MLHP (Maydanik et al. [4])
T/S (Al,Webb et al. [9])
T/S (Cu,Webb et al. [9])
Heat Pipe (Kim et al. [1])
Fin-Fan (Siani et al. [6])
Microchannel liquid cooling 
(Chang et al. [5])




















Regions for naturally cooled devices
Regions for actively powered refrigeration devices






(Ng et al. [10])
T/S (Water) 
(Ng et al. [10])
T/S (High Fan Speed) 
(Ng et al. [10])
 
Figure 6.23.  The universal performance chart for CPU cooler 
 
1. Region “A” constitutes optimal devices that operate at lower power consumption. 
Both internal (refrigerant) and external (air) fluid dissipative losses are well 
balanced and minimized, while maintaining a compact design. This is also a 
pivotal point wherein an over designed air-cooled heat exchanger or high fan 
speeds will tend to move the point to point B.  Significant dissipative losses result 
in an approach of the device heat transfer limitation (i.e.Φ approaches zero)  would 
pull this point towards the C region.  
2. Region “B” relates to a CPU cooler configuration having over-designed air-cooled 
heat exchangers, by consuming additional fan power its COP decreases. At this 
region devices’ R-value could be slightly higher than those on region A.       
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3. Region “C” indicates devices that are approaching their design heat transfer 
capacity. This is caused by either one or both internal (i.e. capillary limit, 
entrainment limit, and etc.) and external dissipative losses (i.e. insufficient ambient 
heat exchanger capacity). These devices are still operational however it allows 
high CPU temperatures during high clock speed or peak usage.    
4. Region “D” represents cooling devices that deviate from region C due to their bulk 
or ill-proportioned arrangement as defined by the compactness parameter. 
Typically they are equipped with huge auxiliaries (like fans, hoses, miniature 
pumps) and consequently require higher power consumptions.  
 
 
A generalized view of the performance chart indicates that devices on region D tend to be 
physically bulky in contrast to those in regions A, B, and C. The chart also depicts 
refrigeration and natural convection coolers located on top and bottom of the curve 
respectively. Naturally air-cooled heat sinks having absolutely no power consumption are 
located on the zero COP line, but such devices inherently have low heat load capacity 
which would lead their FOM towards infinity at medium heat loads (about 40W-50W). 
Refrigeration systems with the use of mechanical vapor compression or thermoelectric are 
expected to have high COPs with improvement inΦ as it could maintain the CPU 
temperatures lower than ambient.  
 
Devices in Region “D” are the two-phase thermosyphons (pin fin with porous coating as 
boiling enhancement) of Tuma (2006), micro-channel liquid cooling by Chang et al. 
(2006), and pulsating heat pipe by Katoh et al. (2004). Evidently, these devices are 
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overwhelmed by its multitude of auxiliary components which made it huge. Their fan size 
and air flow rate are at the high end which deteriorates their FOM according to the 
compactness factor and the NTU altogether. When size and electrical consumption are not 
factors of consideration, these devices would suffice.       
 
Devices in Region “C” are two-phase copper thermosyphon (Al sintered surface at the 
boiler) by Webb et al. (2002), heat pipe by Kim et al. (2003), fin-fan heat sink by Siani et 
al. (2003), and miniature loop heat pipe by Maydanik et al. (2005). These are typically 
small devices that could barely maintain the CPU temperature at a modest range.  
 
Regions “A” and “B” are two-phase copper thermosyphons (water at medium and high fan 
speeds, and R123 at high medium fan speed) by the authors, two-phase aluminum 
thermosyphon (Cu sintered surface at the boiler) by Webb et al. (2002). The transition 
from A to B would most probably be due to an increase in fan speed or size as such would 
consume more electric power, and a Region A device could be swayed to Region C when 
device operates at near full load or operating limit.  
 
The regions in the universal chart simply provide an indicative characteristic or behavior 
between cooling devices, as such there is no strict boundaries between them. It is also 
noted, that there is no specific region that could be regarded as the absolute best, the chart 
simply highlights the pros and cons of the device being assessed and does not stipulate or 
imply any ranking. What devices are used to remove heat from the coolers is subjected to 
designers’ prerogative.  The balance between the heat transfer mechanisms found in  the 
devices, namely that the losses between the external finite rate heat transfers of heat 
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exchangers to the internal dissipative transfers determine the device’s FOM, as depicted 
on the proposed chart.  
 
With this performance chart on hand, engineers could have a quantitative comparison on 
which cooling device is best suited for a certain application. If size is a concern, coolers 
on regions A and C could be the desired options. If electrical power consumption is not a 
concern, B and D would suffice. If there are no constraints then coolers on regions B and 
A would be the best choice.  
 
Future high heat flux dissipation from CPU triggered the need for an alternative cooling 
method, proliferation of CPU cooling devices continues in the market, and with thermal 
resistance as the only parameter for performance comparison is inadequate. Taking into 
consideration a cooling device’s heat transfer characteristic (NTU), temperature 
effectiveness (Φ ) and compactness parameter (Π ) in forming a universal figure of merit 
(FOM). This FOM is proposed to serve as a universal rating for CPU cooling devices. A 
performance chart (1/COP vs. 1/FOM) is proposed from data points accumulated from 
various CPU cooling devices like thermosyphons, heat pipes, liquid cooling, and fin-fan 
heat sinks. It shows four distinct regions that depict certain device behavior within these 
regions, categorized by space functionality, heat transfer performance, COP, and available 
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Chapter 7 : Conclusion 
 
 
A state-of-the-art boiling test facility was constructed to investigate boiling heat transfer at 
sub-atmospheric pressures. Its unique design overcame the obstacles that have long 
plagued this area of boiling research. Plain surface boiling results have been shown to be 
in good agreement with the highly cited Cooper correlation while respecting the limits of 
critical heat flux set by Zuber-Leinhard correlation.  The initiation of boiling at low 
pressures requires very high wall superheats of about 15-20 K. Increasing pressure and/or 
heat flux increases the heat transfer coefficient similar to atmospheric boiling. The critical 
heat fluxes at 2, 4, and 9 kPa pressures are 35.8 W/cm2, 46.6 W/cm2, and 62.5 W/cm2, 
respectively.  
 
Given the low critical heat flux and heat transfer coefficient, plain surfaces are deemed 
insufficient for applications in electronic cooling. Various finned boiling surfaces have 
been tested. Minimal inter-fin spacing/narrow gapped fins influence the boiling curve to 
decline in the high heat flux region, a stagnation of boiling performance that corresponds 
to a boiling heat transfer coefficient that is independent from heat flux. The optimal fin 
thickness is found to be 0.75 mm. At 2 kPa, large finned surfaces can cause boiling 
hysteresis in the low heat flux region (not seen in boiling on plain surface), caused by 
strong natural convection. Boiling heat transfer coefficient of large finned surfaces is 
proportional to heat flux. High-finned surfaces physically obstruct bubble crowding on the 
heater surface leading to a delay in critical heat flux. Pin fin surface outperforms plate 
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finned surface of similar dimensions by more than 30%, because of the additional inter-fin 
volume provided.  
 
A new method of analyzing boiling performance on enhanced surfaces is proposed. Using 
this method, heat fluxes and heat transfer coefficients are seen to be actually an order of 
magnitude lower than values calculated using conventional method. Apparently the 
enhancement of heat transfer coefficient due to increased pressure is much significant (by 
a factor of 3.5 instead of 2 from the conventional analysis). Fin efficiencies are observed 
to be declining with increasing heat flux, with very low values at 2 kPa (e.g. 20-30%) and 
are adequate (60-70%) at 9 kPa. Augmentaion ratios could increase with increasing heat 
flux, signifying that finned surface can outpace the performance of plain surface. This 
relative enhancement is attributed to confinement-driven boiling heat transfer, wherein 
thin film evaporation plays a significant role in the boiling phenomena. Augmentaion 
ratios can have values below 1, which means that boiling heat transfer mechanism on the 
finned surface can be worse than that on plain surface, as fins affect the bubble 
hydrodynamics. Heat transfer coefficient is independent of fin height, which means that 
the aspect ratio of the fin space/channel solely dictates the coefficient. The plate finned 
surface provided the best boiling heat transfer mechanism at 2 kPa is g = 1.0 mm, l = 15.0 
mm, t = 1.0 mm with 4,525 W/m2-K. The pin finned surface with g = 0.5 mm, l = 15.0 
mm, t = 1.0 mm is the best among all the boiling surfaces tested at 9 kPa providing 10,874 
W/m2-K of heat transfer coefficient.  
 
High speed visualization of boiling regimes on plain and extended surfaces was 
conducted. At a pressure of 2 kPa, pool boiling on plain surfaces shows very few number 
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of active nucleation sites (e.g 2-3), and involves large bubble departure diameter of about 
30-40 mm. The departing bubble has eddies present in its wake creating a dimpled 
backside of the bubble. At higher heat fluxes smaller feeder bubbles are present 
immediately after the release of the leading bubble. Near the critical heat flux region, 
vapor columns are present and no wetted surface is noticed. At 9 kPa, bubbles are smaller 
and depart the nucleation site at a higher frequency. It was found that pool boiling on a 
plate finned surfaces is initiated only at the fin root. Bubbles are confined within the fin 
spaces thus compressing the bubble into a thin disk-like shaped film. This vapor film 
escapes at the fin tip as it transforms back into a spherical shaped bubble. At high heat 
fluxes, bubbles coalesce at the fin tip and leaving vapor remnants in the fin space which in 
turn blocks liquid refill into the space.  
 
Sub-atmospheric pool boiling on porous coated surfaces has also been investigated. 
Initiation of pool boiling begins at very low heat fluxes of about 2 W/cm2. Despite this 
early boiling, the heat transfer coefficients produced by these porous surfaces are very low 
compared to the finned surfaces. Increasing the effective thermal conductivity of the 
porous medium enhances boiling performance until very low permeability restricts liquid 
and vapor flows. The creation of grooves provides significant improvement of its heat 
transfer coefficient by a factor of 2-3. Visualization confirms that the grooves created, 
served as a vapor channel (“vapor superhighway”) for bubble escape, rather than flowing 
through the tortuous inter-connected pores of the porous media. A vast number of 
nucleation sites are present and bubbles are relatively smaller compared to those seen in 
plain surface and finned surface boiling.  
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A unique compact two-phase thermosyphon was designed, modeled, and tested. Applying 
the enhanced boiling surfaces tested, the cooler was able to maintain CPU temperatures 
below 75 °C at high heat loads of 200 W. The major heat transfer “bottleneck” is the 
convection thermal resistance, which contributes more than 50% of the overall thermal 
resistance of the device. The cooler has been shown to be orientation free from 0° to 90° 
tilts, as its performance is undeterred. Among the various cooling devices reviewed, the 
proposed two-phase cooler has the most compact configuration while having a high heat 
load capacity of 200 W. A tubular thermosyphon was also designed and constructed, to 
have a low-cost and high-performance design. It was tested together with a commercially 
available heat pipe cooler and a fin-fan heat sink. Despite being smaller in size, with 
smaller fan, and with aluminum fins, the thermosyphon outperformed both the pure-
copper heat pipe assembly and the fin-fan heat sink (by a factor of 1.8).   Finally, a 
universal performance chart for CPU cooler was designed to consider not only heat 
transfer performance, but also compactness, performance relative to the thermal design 
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Figure A.3. Pictures of metal foams having various pore densities. 
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Figure A.4. Graph of surface area against pore density. 
 
Figure A.5. Specifications of the high speed video camera. 
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Figure A.6. Voltage and current measurement accuracy specification of Fluke multimeter. 




Figure A.7. Top and side view of the PTFE chamber separator. 
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Figure A.8. Top, side, and bottom view of the plain surface test piece. 
- 206 - 
 
Figure A.9. Top view of the compact two-phase cooler. 
 
 
Figure A.10. Side view of the compact two-phase cooler. 
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Figure A.12. Side view of the finned surface with height of 0.75 mm. 
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Figure A.13. Side and top view of the finned surface  with g = 0.5 mm, t= 0.5 mm, and 
h=15mm. 
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Figure A.14. Side and top view of the finned surface with g = 1.0 mm, t= 1.0 mm, and 
h=15mm. 
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Figure A.15. Side and top view of the finned surface with g = 2.0 mm, t= 1.0 mm, and 
h=15mm. 
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Figure A.16. Side and top view of the pin finned surface with g = 0.5 mm, t= 1.0 mm, and 
h=15mm. 
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Figure A.17. Side and top view of the pin finned surface with g = 0.75 mm, t= 0.75 mm, 
and h=15mm. 
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Figure A.18. Side and top view of the compact two-phase thermosyphon. 
 
